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ABSTRACT

The objective of this project was the conceptual design of a Central Solar
Receiver Gas Turbine Plant which utilizes a high temperature heat pipe receiver.
Technical and economic feasibility of such a plant was to be determined and pre-
liminary overall cost estimates obtained. The second objective was the develop-
ment of the necessary heat pipe technology to meet the requirements of this re-

ceiver,

A heat pipe receiver is ideally suited for heating gases to high tempera-
tures. The heat pipes are essentially loss free "thermal diffusers" which accept
a high solar flux and transform it to a lower flux which is compatible with heat
transferred to gases. The high flux capability reduces receiver beating surface,

thereby reducing receiver heat losses.

An open recuperative air cycle with a turbine inlet temperature of 816°C
(1500°F) was chosen as the baseline design. This results in peak metal tempera-
tures of about 870°C (1600°F). The receiver consists of nine modular panels which
form the semicircular backwall of a cavity. Gas enters the panels at the bottom and
exits from the top. Each panel carries 637 liquid metal heat pipes which are mount-
ed at right angle to the gas flow. The evaporators of the heat pipes protrude from
the flux absorbing front surface of the panels, and the finned condensors traverse

the gas stream.

The maximum heat load required of any heat pipe in the solar receiver is
about 13 kW. This maximum heat load occurs at 750°C; at lower and higher tem-
peratures the requirement is considerably less. Three liquid metal heat pipes
which meet these requirements were successfully developed. They had a diame-
ter of 60 mm (2,375 inches), a length of 1100 mm (43 inches), and were fabricated
from Inconel 601. The heat pipes were tested at power levels up to 16 kW and over
the full temperature range.

Capital cost estimates were made for a 10 MW(e) pilot plant. The total
projected costs, in mid-1978 dollars, range from $1,947 to $2, 002 per electrical

kilowatt. On the same basis, 'Lhe cost of a water/steam solar plant is approximate-
ly 50% higher.




FOREWORD

This is the Final Technical Report under Contract EY~-76-C-02-
2839. The technical work was performed by Dynatherm Corporation as
~ prime contractor to DOE and Foster Wheeler Corporation as subcontrac-
tor to Dynatherm. Foster Wheeler's input is referenced in the summary
and reproduced in toto as Volume IL. Dynatherm's section of the repoft
| was prepared by W. B. Bienert and D. A. Wolf and Foster Wheeler's

section by Giovanni Carli.
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1. INTRODUCTION

This Final Technical Report describes the work and the results of a develop-
ment program entitled ""Heat Pipe Central Solar Receiver". The work was performed
by Dynatherm Corporation as the prime contractor and Foster Wheeler Development
Corporation as the major subcontractor. The program was started under ERDA spon-
sorship and completed under DOE Contract EY-76-C-02-2839. The period of perfor-
mance was March 1, 1976 through September 30, 1978.

At the present time, DOE is engaged in the development of solar thermal pow-
er plants capable of supplying substantial quantities of the United States' electric pow=
er needs during the late 1980's. A major milestone in this program is the completion
of a 10 megawatt solar electric power plant which is currently being constructed at
Barstow, California. This pilot plant utilizes first generation solar technology which
can be implemented with 2 minimum of technical risk. At the same time, DOE is pro-
ceeding with the development of advanced technology that will produce electricity at a
cost substantially lower than that possible with the current water-steam central re-
ceiver system. One of the advanced concepts utilizes a Brayton conversion system
in conjunction with a hot gas receiver. The Brayton system has the potential of high
efficiency, good response during transient conditions, and easy adaptation to hybrid
plants. This report describes the initial development of a hot gabs receiver which uti-
lizes heat pipes as heat transfer elements between the solar flux and the gas stream,
The heat pipes function as "thermal diffusers™ which accept the concentrated heat in-
put and transform it nearly loss free to a lower flux which is compatible with gas heat-
ing. Heat pipes minimize the thermal stresses in the receiver tubing, permit the de-

sign of a low pressure drop receiver, and provide for redundancy.

The initial phase of the program consisted of the evaluation of various receiv-
er concepts and conversion cycles. A baseline system was than selected and a semi-
detailed design of the receiver was generated. The capital cost of a 10 MW(e) solar
plant of this type was estimated. A major portion of the program effort was devoted

to the development of the necessary heat pipe technology. As a result of the present

work, the basic feasibility and cost effectiveness of a central solar gas turbine plant




with a heat pipe receiver was established. Those areas where additional devélop—
ment effort is needed were identified and are included as recommendations in the
report.

The concept evaluation, systems analysis, and cost estimating were a joint
effort between Dynatherm and Foster Wheeler. Dynatherm performed all the heat

pipe development and Foster Wheeler was responsible for the receiver desi Bn.

This Final Technical Report consists of two volumes. An executive summary
of the entire program is given in Volume I. This volume also described in detail the
heat pipe development effort and the comparative cycle and cost analysis. Volume o,

which was prepared by Foster Wheeler, deals with the cycle selection, the overall

plant layout, and the receiver design. Additional details of the work can be found in
two Semiannual Progress Reports. 1) @)




2. SUMMARY

The objective of this project was the conceptual design of a central solar-
receiver gas turbine plant which utilizes a high temperature heat pipe receiver. The
technical and economic feasibility of such a plant was determined and preliminary
overall cost estimates were obtained. A second objective was the development of the

necessary heat pipe technology to meet the requirement of this receiver.

A heat pipe receiver is ideally suited for heating gases to high temperatures.
The heat pipes are essentially loss-free "thermal diffusers' which accept a high solar
flux and transform it to a lower flux which is compatible with heat transfer to gases.
The high flux capability reduces receiver heating surface, thereby reducing receiver

heat losses.

Toward meeting the program objectives, several open and closed Brayton
cycles were analyzed. Parametric data were devebloped to enable selection of a base-
linedesign concept. The selected size of the power plant intentionally paralleled the
10 MW (e) water/steam solar pilot plant to permit direct cost and performance com-
parisons. However, unlike in the design of the steam pilot plant, thermal storage
was not included in the gas turbine plant. This choice was made solely because of

the limited scope of the study.

The open recuperative air cycle with a conventional utility-type turbine
was selected as the baseline design. The overall plant efficiency does not vary sig-
nificantly in the turbine inlet temperature range of 816 to 980°C (1500 to 1800°F).
For this reason and because conservative values are desirable in a prototype plant,
a turbine inlet temperature of 816°C (1500°F) was chosen. This results in heat pipe
metal temperatures of about 870°C (1600°F) which are compatible with nickel based

super alloys.

The pertinent parameters of the selected dycle are shown in Figure 2.1.
The cycle utilizes a standard heavy duty gas turbine with a conversion efficiency of
33%. After accounting for the losses associated with the heliostat field and the re-
ceiver, the baseline system will yield an overall solar-to-electric efficiency of ap-

proximately 20%.
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One feature of a solar gas turbine plant is its potential for higher efficiency.
The selected prime mover can be upgraded to achieve a conversion efficiency of 38%
(23% overall) through the use of higher efficiency components (turbine, compressor,
regenerator). Another available area for improving the overall plant efficiency is
to utilize the high exhaust temperature of the gas turbine engine in a bottoming cycle.
Organic Rankine Cycles are currently being developed under DOE sponsorship which,
when combined with the gas turbine system, can yield conversion efficiencies of 41%
(25% overall), Finally, the plant can be modified to allow hybrid operation where the
turbine operates by solar energy alone, by combustion of fossil fuel alone, or by a
combination of both, so that the power generation is not subject to fluctuations in in-
solation. Hybrid operation, which is unique to the open-cycle gas turbine system,

represents a practical alternative to the use of thermal storage.

After an initial screening process, preliminary design of the three most
promising receiver candidates were developed. These candidates included one open
(exposed) cylindrical configuration, one cavity cylindrical configuration, and one box
configuration. Heat loss calculation showed that an exposed receiver operating at the
high outlet gas temperature of 81 6°C (1500°F) resulted in prohibitive heat losses. Fdr
this reason, a cavity conﬂguration was selected since this yielded the maximum re- |
ceiver efficiency. Further evaluation based on solar flux, thermal/hydraulic, struc-
tural, and cost analysis led to the receiver geometry shown in Figures 2.2 and 2. 3.
It consists of nine modular panels which form the semicircular backwall of the cavity.
ﬁEach panel carries 637 liquid metal heat pipes which are mounted at right angle to the
gas flow. The evaporators of the heat pipes protrude from the flux absorbing front
surface of the panels and the finned condensers traverse the gas stream. The chosen

configuration provides:

e Maximum receiver efficiency by minimizing heat losses caused by
reradiation, reflection, and convection

e Minimum pressure drop between compressor and turbine

e Maximum use of existing hardware and manufacturing techniques
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° Modular design that enhances reliability, flexibility, and mainte-
nance since each panel is designed to be removable as a unit should
replacement be necessary

¢ Optimum performance, since the airflow to each panel can be made
proportional to the energy received by each panel

° Minimum cost

The incident solar radiation from the heliostat field enters the cavity through
an octagonal aperture. The requirement of a high receiver efficiency necessitates that
the receiver aperture be large enough to collect a high percentége of the solar flux, yet
small enough to prevent excessive heat losses by reradiation and reflection. To accom-
plish this, an octagonal receiver apérture was selected. The receiver is tilted five de-
grees in order to optimize the solar flux distribution on the heat pipes and the panel
walls.

Each of the nine panels which form the internal-energy absorbing surfaces in
the back of the receiver is 7.5 m (24.6 feet) high by 1.0 m (3. 3 feet) wide. The depth
of the panel varies as a function of the amount of air passing through it, which in turn
is proportional to the amount of heat flux impinging upon and being absorbed by its sur-
face. The panel depth is such that each panel has approximately the same pressure
drop of 0.007 MPa (1.0 psia). The average panel weight is approximately 10,000 kg
(22,000 1b). Each panel consists of 637 sodium-filled heat pipes, inlet and outlet ple-
nums, insulation, and support structure. A summary of the pertinent receiver param-

eters is given in Table 2.1.

A schematic of the heat pipes and their installation is shown in Figure 2.4. The
heat pipes, 60 mm (2.375 inches) OD, are located in an 11.5 mm (4.5 inches) triangu-
lar pitch pattern and are attached to the front and back plates so that they can be re-
moved from the back of the panel in case of failure. The evaporator surfaces of the
heat pipes, which protrude 300 mm (12 inches) from the front panel plate absorb the
incident solar flux. The tips of the evaporators are conical in order to reduce the
flux at the end caps to approximately the same value as on the cylindrical evaporator
surfaces. The heat pipes transport the energy nearly isothermally to the finned con-

denser section. Since each heat pipe is a self-contained heat transfer sys tem, a




TABLE 2.1. RECEIVER PARAMETERS

Type of Receiver

Total Weight

quber of Panels
Number of Heat Pipes
Incident Solar Radiation
Heat Losses

Peak Aperture Flux
Peak Flux on Receiver Walls
Air Inlet/Outlet Temperature

Receiver Pressure Loss
(Including Headers & Piping)

*Depending on Conversion Efficiency of Power Generation System

North Facing Cavity

108, 295 kg (238, 250 1bs)

Nine (9)
: 5,733
30 to 35 MW(th)*

3 to 4 MW(th)

*
5.71 to 5.94 MW/m

(1.81 x 106 to 1.88 x 10° Btu/hr-ft%)

2%
1.16 to 1. 32MW/m

(367, 500 to 419,000 Btu/hr-it°)
448/816°C (839/1500°F)

3 psia (0.02 MPa)
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failure of a single heat pipe will not affect the system catastrophically., The design

parameters of the heat pipes are given in Table 2. 2.

The collector subsystem is based on the heliostat field designed by the Martin
Marietta Corporation for their water/steam pilot plant. It is a north field arrange-
ment with focusing heliostats symmetrically distributed about a north-south line from
the tower, which is erected at the south edge of the collector field. The north field
geometry provides the maximum optical collector efficiency. The focused heiiostats
enable the use of a smaller aperture for the cavity receiver, thus minimizing receiv-
er losses. Each heliostat carries 41 m2 (441 feetz) of reflective surface. The num-

ber of heliostats required ranges from 1164 to 1344.

The electric power generation subsystem consists of conventional utility-
type power plant components. For the pilot plant, the General Electric gas turbine-
generator package G3132R regenerative-cycle, two shaft heavy-duty gas turbine was
selected. The nominal rated capacity is 10.4 MW(e) and the gross weight is 69,000
kg (152,000 1b). The regenerator, which comes with the gas turbine generator pack-
age, is a Harrison Regenerator Model TR-105. The basic conversion efficiency of
this gas turbine set is 33%. Preliminary discussions with GE personnel indicated
that the efficiency can be upgraded to 38% by increasing component efficiencies; i.e.,
turbine efficiency from 85 to 92%, compressor efficiency from 80 to 88%, and recu=-

perator effectiveness from 85 to 94%.

The heat pipe receiver, the electric power generation subsystem, and the
interconnecting piping are all located on top of the tower. This location minimizes
the airflow path among components and thus reduces thermal and pressure losses.

This is particularly important in a Brayton cycle because, to reduce pressure losses,

| large diameter pipes are needed to transport large volumes of air. The structural-

steel tower is similar in design to the one designed by McDonnel Douglas Astronau-
tics Company for the water/steam pilot plant. The tower, which is approximately
90 m (295 feet) high, supports on its top a weight of approximately 360 metric tons
(396 short tons).

The key components of this solar-thermal conversion system are the liquid

metal heat pipes. Since the requirements for the heat pipes exceeded current state-

-11 -




TABLE 2.2. HEAT PIPE DESIGN PARAMETERS

Dimensions : 60 mm OD x 2.4 mm wall x 1100 mm long
(2.375 inch x 0.093 inch x 43 inch)

Orientation :  5° Gravity Assist

Material : Inconel 601

Working Fluid : Sodium

Wick Structure | : Parallel Tent Arteries

Max. /Min. Vapor Tgmpera_ture : 821/445?0 (1510/833°F)

Max. /Average Heat Load : 13.1/5.2 kw

Max. /Average Evaporator Flux : 0.34/0.067 Mw/m2

(108, 000/21, 200 Btu/hr-ft> )

-12 -




of-the-art technology, a substantial portion of the program was devoted to the devel-
opment of the needed heat pipe technology.

Historically, liquid metal heat pipes date back to the early stages of heat /
pipe development during the mid-sixties. Although high heat fluxes and heat trans-
port rates were achieved in laboratory experiments, little actual hardware capabil-
ity was developed because of a lack of applications. Furthermore, most experimen-
tal heat pipes were much smaller than needed for the present application. The clos-
est analog to the solar heat pipes are probably the Isothermal Furnace Liners devel-
oped and marketed by Dynatherm. They consist of annular liquid metal heat pipes
ranging in diameters from 60 to 168 mm (2.375 to 6. 63 inches) and in lengths from
150 to 914 mm (6 to 36 inches). Théy are fabricated from Inconel 601 and the work-
ing fluid is sodium. The operating temperature ranges from 400 to 1100°C. '1_‘33339,__“" L
over 450 of these heat pipes are in use by over a hundred industrial, government, and
university laboratories. Since many of the devices have been in operation for over six
years, their long life capability is well established. There is one important difference,
however, between the solar receiver heat pipes and the commercial Isothermal Furnace
Liners. The latter are basically low flux and low transport devices since their main
function is to isothermalize furnaces. Thus, the need existed to develop heat pipes
which combine the performance capabilities of laboratory devices with the size and

reliability of the commercial products.

Typical theoretical and experimental performance capabilities of a solar re-
ceiver heat pipe are shown in Figure 2.5. At the low end of the useful temperature
range the heat transport capability is limited by the gas dynamics of the vapor flow.
At higher temperatures (550 to 800°C), the performance is dominated by the wick
and is relatively independent of temperature. Above 800°C, nucleate boiling near

the heat input surfaces limits the heat fluxes that can be applied.

The maximum heat load required of any heat pipe in the solar receiver is
about 13 kW. This maximum heat load occurs at about 750°C; at lower and higher
temperatures the requirement is considerably less (under one kilowatt at 450 and
820°C). As seen from Figure 2.5, the measured performance matches well with

the requirements.

-13 -
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During the early stages of the development program, several subscale sodi-
um heat pipes (2.5 cm diameter) were fabricated and tested. The design goal for
these heat pipes was to achieve an axial heat flux of 10 ‘V[W/m (3.16 MBtu/hr—ft )
and an evaporator flux of 1 Mw/m (0.316 NEBtu/hr-ft ). These fluxes exceed the
current receiver requirements but were representative of earlier receiver concepts.
A total of eight subscale heat pipes were tested; one of them, SN 1-5, is shown in the

photograph of Figure 2. 6.

One purpose of the experimental program was the development of a suitable
wick. Of all the wicks tested, the most successful one proved to be the "tent artery"
which is shown in Figure 2.7. It consists of several semicircular arteries which are
fabricated from fine wire mesh and are attached to the heat pipe wall. They provide
the main axial flow path for the liquid. At the evaporator, the liquid is distributed by

capillary forces in a secondary wick.

Heat Pipe Wall

Circumferential
Wire Mesh Wick

Wwire Mesh Tent Art rteries

FIGURE 2.7
WICK DESIGN OF CENTRAL SOLAR RECEIVER HEAT PIPE




FIGURE 2.6
PHOTOGRAPH OF SUBSCALE THERMAL DIFFUSER HEAT PIPE




Following the successful development of the subscale heat pipes, three full-
scale solar receiver heat pipes were tested. One of them was equipped with a conical
end cap as a means for reducing the peak flux on that surface. A photograph of this
heat pipe during test is shown in Figure 2.8. Typical performance data of these heat
pipes were shown in Figure 2.5.

The overall conductance of the heat pipes is approximately 420 Watl;s/o C.
For the average loaded heat pipe, this corresponds to a temperature difference of
12°¢ (220F). Virtually all of this temperature drop occurs across the walls of the
evaporator and of the condenser. By comparison, the temperature gradient along
the heat pipe is almost negligible. In order to achieve high conductances and small
temperature drops, it is therefore desirable to minimize the wall thickness. This
has the added advantage of reducing the stresses in the wall at the evaporator which
result from through-the-thickness temperature gradients. A cyclic thermal analy-
sis of the heat pipes was conducted to determine the allowable heat fluxes for various
values of the sodium temperature. For the selected wall thickness of 2.4 mm (0.093

inch) the permissible evaporator flux is compatible with the receiver design.

The projected cost of a heat pipe central receiver gas turbine plant compares
favorably with an equivalent water/steam plant. Capital cost estimates were made for
the 10 MW (e) pilot plant. The costs of the receiver including the heat pipes and the
mounting platform were developed from the design drawings generated during this pro-
ject. Tower assembly, foundation, and site preparation costs were scaled from the
costs developed for the water/steam system. The cost of the power generation system,
which is a standard GE product, was obtained from the manufacturer. Following DOE
ground rules, the cost of the collector field was estimated at $65 per square meter of
heliostat surface. Since details of a master control system have not been developed
during this program, its cost was agsumed to be the same as for the water/steam
plant. Finally, miscellaneous items such as buildings, facilities, electric plant
equipment, etc., were estimated by Foster Wheeler based on experience with con-

ventional plants of similar nature and size.

The total projected costs, in mid-1978 dollars, are shown in Table 2.3 for

the two assumed cycle cfficiencies of 33 and 387,. These costs range from $1,947




FIGURE 2.8
FULL SCALE THERMAL DIFFUSER HEAT PIPE
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TABLE 2.3. CAPITAL COST OF HEAT PIPE
SOLAR GAS TURBINE PLANT

’ Cost Item Millions
E Receiver and Platform 3.51
Transportation and Installation 0.88
Tower Assembly 1.50
Tower Foundation and Site Preparation 0.54
Collector Field (Heliostats) 3.10 - 3.58
Buildings and Facilities ‘ 0.50
Turbine-Generator Unit 2.97
Master Control 2.24
Miscellaneous 1.60
Total Direct Costs 16.93 - 17.41
Contingency Allowance and Indirect Costs (15%) | 2.54 - 2.61
Total Capital Costs 19.47 -~ 20.02

Note: Costs based on mid-1978 dollars




$2,002 per electrical kilowatt.

In order to compare the cost of the heat pipe gas turbine s'ystem with that
of the 10 MW(e) steam/water pilot plant, a slightly different analysis was used. The
costs were broken down into the WBS items used for the steam/water plant. Each
item was then evaluated and adjustments were made to eliminate costs associated
with therma.l storage and those costs which do not apply to the gas turbine plant.

The results which are given in Table 2.4 show that the total capital costs of the gas
turbine plant are only 67% of those of the equivalent steam/water plant. This cost

reduction is considerably better than the 85-90% projected by a recent study by the

Aerospace Corporation.

The above analysis does not take credit for utilizing the high exhaust tem-
perature of the gas turbine in a bottoming plant. Only a rough estimate of the cost
of such a combined plant was made. Assuming an Organic Rankine Bottoming Cycle
(ORC) which will boost the overall plant efficiency from 33 to about 41%, the capital
cost per kilowatt will be reduced from the above $2000 (see Table 2. 3) to about $1830.

As a result of the present study, the heat pipe solar receiver has emerged
as a viable and cost-effective contender for a central receiver solar power plant. In
order to develop this system'in a timely fashion, a three task program. has been sug-
gested. As a first task, a small scale model of a heat pipe receiver (250 kw (th))
would be tested at one of the existing DOE solar test facilities. Concomitantly with
this task, long-term performance tests of the solar receiver heat pipes under simu-
lated actual conditions must be conducted. Finally, a more detailed study and opti-
mization of the overall plant need to be performed. This study will define the most
economical plant with regard to size, storage requirement, and bottoming or hybrid

operation.

-20 -



TABLE 2.4. COST COMPARISON OF HEAT PIPE AIR BRAYTON
AND STEAM RANKINE 10 MW(e) POWER PLANT

Cost Item

Receiver

Tower & Foundation
Collecbors(l)

Turbine Equipment
Buildings(z)

Misc. Electric Equipment
Msc. Plant Equipment(z)
Master Control @)
Distributables®)

Yard Work
Total Direct Cost

Contingency Allowance and
Indirect Costs (15%)

Total Capital Costs

(1) Based on $65/ m?

(3).

Heat Pipe Gas Turbine Plant

Steam Rankine Plant

$ Millions $ Millions
4,39 10.74
2.04 0.67
3.63 4.35
2.97 5.40
1.10 2. 47
1.13 1.13
1.24 2.85
2.26 2.26
3.05 3.05
0.70 0. 70
22.51 33.62
3.38 5.04
25.89 38. 66

(2) Adjusted to reflect savings in gas turbine plant
(3) Assumed identical in gas turbine and steam plant

Note: Costs based on mid-1978 dollars
Percentage Cost of Heat Pipe Gas Turbine Plant: 67%




3. HEAT PIPE DEVELOPMENT

This section of the report describes the analytical and experimental work
which was performed by Dynatherm toward the development of the heat pipe tech-

nology for the central solar receiver.

3.1 Heat Pipe Requirements

The receiver design which resulted from the present work utilizes 5733 lig-
uid metal heat pipes. The heat pipes absorb the concentrated solar flux, transport
the collected thermal energy nearly loss-free to a gas stream, and dissipate it into
the gas stream wit.h a minimum pressure loss in the gas. Details of the receiver
and heat pipe geometry are given in the attached Foster Wheeler report. For ease

of reference, several pertinent figures of that report are reproduced here.

Figures 3.1 and 3.2 show the selected receiver. It consists of nine modular
panels which form the semicircular back-wall of the cavity. Incident solar radiation
from the heliostat field enters the cavity through an octagonal aperture. The receiv-
er is tilted five degrees in order to optimize the solar flux distribution on the} absorb-
er wall. Each of the modular panels carries 637 liquid metal heat pipes which é.re
mounted at right angles to the gas flow. The evaporators of the heat pipes protrude
from the flux absorbing front surface of the panels, the finned condensers traverse

the gas stream.

A schematic of the heat pipes and their instaliation is shown in Figure 3. 3.
The heat pipes, 60 mm (2.375 inches) OD, are located in an 11.5 mm (4.5 inches)
triangular pitch pattern and are attached to the front and back plates so that they
can be removed from the back in case of failure. The tips of the evaporators aré
conical in order to reduce the flux at the endcaps to approximately the same value
as on the cylindrical evaporator surfaces. In order to provide maximum common-
ality for all receiver components, all heat pipes in the receiver are identical with

the exception of the condenser length which varies from panel to panel.

The design and performance parameters of the heat pipes are given in Ta-
ble 3.1.
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TABLE 3.1 HEAT PIPE DESIGN PARAMETERS

Dimensions

Orientation

Material

Working Fluid

Wicking Structure

Max, /Min. Vapor Temperature
Max. /Average Heat Load

Max. /Average Evaporator Flux

- 26~

60 mm OD x 2,4 mm wall x 1100 mm long
(2. 375 inch x 0,093 inch x 43 inch)

5° Gravity Assist
Inconel 601

Sodium

Parallel Tent Arteries
821/445°C (1510/833°F)
13.1/5.2 kW

0.34/0.067 MW/m> 2
(108,000/21, 200 Btu/hr-ft”)




The dimensions of the heat pipes were selected on the basisvof a trade-off
study between the total number of pipes, their weight, evaporator temperature gra-
dients, and reasonable values for radial and axial heat fluxes. Details of the study
were reported in the First Semiannual Progress Report.( ) The initial opt1m1za-
tion of the heat pipes was based on an average axial heat flux of 10 MW/m which
appeared achievable with current heat pipe technology. This selection led to an op-
timum heat pipe diameter of approximately 5 cm and a total of 1640 heat pipes for
a 30 MW ((th) receiver. The same optimization also yielded an optlmum evaporator

length of 30 cm with an attendant evaporator flux of 0.5 MW/ m’.

Slbsequent computer studies of the solar flux distribution on the heat pipes
and on the absorber wall yielded more detailed information of the evaporator fluxes.
These, combined with a better definition of the flux limits imposed by the heat pipe
material, resulted in an increase of the number of heat pipes from 1640 to the pres-
ent 5733. Correspondingly, the required axial flux has dropped from 10 MW/m2 to
a maximum of 5.4 Mw/mz. The maximum evaporator flux of any heat pipe is now

0.34 MW/mz.

The aforementioned solar flux model was specifically developed for this pro-
ject. Initially it had been hoped that computer models which were generated for the
water/steam receivers could be adapted. However, those models all predict only
the total flux on a given receiver surface without distinguishing as to the direction
of the impinging radiation. Since the heat pipes protrude at right angles from the
absorber surface, a knowledge of the directional intensity distribution is required
in order to predict the flux distribution on the cylindrical heat pipe surfaces. Thus
it became necessary to develop a new solar flux model for the heat pipe receiver.

A map of the heat flux density on the absorber walls (the semicircular back of the
cavity) is shown in Figure 3.4. Note that the peak flux near the center of the cavity
is 1.16 MW/m . By comparison, the peak flux at the aperture is 5.25 Mw/m .

Since the axes of the heat pipes are oriented perpendicular to the absorber
wall, the flux on the cylindrical heat pipe surfaces is substantially lower. But it

- s also highly nonuniform around the circumference. This is shown in Figure 3.5.

-27 -




- 2 3 Fe2
Distance Heat-Flux Density, MW/m? (10’ Btu/h-ft?)
From Bottom
of Panel Panel No.
(2) 5 4 and 6 3 and 7 2 and 8 1 and 9
90 - 100 0.0698 0.0711 0.0650 0.0422 0.0048
(22.126) (22.531) (20.601) (13.371) (1.522)
80 - 90 0.0655 0.0861 0.1000 0.0908 0.0262
(20.760) (27.283) (31.698) (28.786) (8.315)
70 - 80 0.1157 0.1633 0.1569 0.1501 0.0704
(36.671) (51.759) (49.746) (47.575) (22.307)
60 - 70 0.2646 0.3182 0.3172 0.3705 0.1601
(B83.866) (100.865) (100.545) (117.432) (50.760)
S0 - 60 0.9108 0.9570 1.0857 1.0890 0.7023
(288.684) (303.331) (344.120) (345.166) (222.589)
40 - S0 1.0180 1.0602 1.1589 1.0763 0.8750
(322.662) (336.037) (367.321) (341.140) (277.332)
30 - 40 0.8151 0.8573 0.9170 0.8612 0.7446
(258.351) (271.733) (290.665) (272.979) (236.013)
20 - 30 0.5257 0.5582 0.6122 0.5613 0.5036
(166.624) (176.915) (194.044) (177.914) (159.606)
10 - 20 0.2063 0.2454 0.2960 0.2893 0.2367
(65.388) (77.768) (93.819) (91.711) (75.031)
0-~-10 0.0106 0.0259 0.0674 0.0787 0.0479
(3.369) (8.195) (21.362) (24.938) (15.193)
FIGURE 3.4

INCIDENT HEAT FLUX DENSITY ON ABSORBER WALL
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The maximum flux occurs at the bottom of the heat pipe because of the chosen orien-
tation of the receiver and the layout of the heliostat field. The end caps of the heat
pipes are of course exposed to the full normal flux of more than 1 MW/mz. Because
of material limitations which are discussed in another section of this report, it was
deemed necessary to reduce the end cap flux. Therefore, the conical end cap design
shown in Figure 3.3 was selected. The cone angle was chosen such that the maxi mum
end cap flux approximately equals the maximum flux on the cylindrical surfaces of the
heat pipes. Finally, the solar flux impinging directly on the receiver wall has to be
considered. Although somewhat shielded by the heat pipes, the remaining flux on the
wall is nevertheless substantial as shown in Figure 3.6. Only a small amount of this
energy is transmitted directly to the gas stream behind the panel wall. In order to
avoid damage to the wall, it is covered with a high temperature refractory material.
This will cause the surface which is exposed to the solar ﬂu:? to become nearly adia-
batic and reach a peak temperature of about1620 °c (2950°F). Most of the reradiated
energy is intercepted by the heat pipes. Because of the homogeneous nature of this
secondary radiation, it is uniformly distributed around the circumference of the heat
pipes and adds little to the peak evaporator flux. In summary, the maximum evapo-
rator flux is about 0. 34 MW/m> (1.08 x 10° Btu/hr-ftz).

Unlike the evaporator flux, the axial heat transport requirement and the axial
heat flux is easier to evaluate. From the flux pattern on the absorber panel (Figure
3.4) and the given heat pipe spacing, the maximum and average heat loads per pipe
are calculated to be 13.1 and 5. 3 kw, respectively. The corresponding axial heat
fluxes for the pipes with an OD of 6.03 cm (2. 375 inches) and an ID of 5.58 cm (2. 195
inches) are 5.4 and 2.1 MW/m2 (1.7 x 10% and 6.6 x 10° Btu/hr-ftz).

The evaporator and the axial heat flux are the two most important heat pipe
performance parameters. The condenser flux is much lower because the condens-
ers are from two to three times longer than the evaporators. Furthermore, con-
denser fluxes are not limited by the same hydrodynamic phenomena (such as boil-
ing) as are evaporator fluxes. Only material limits need to be considered but the

design fluxes are too low to cause any concern.

The temperature range over which the heat pipes must operate is determined
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by the gas inlet and outlet temperatures and the heat transport rate. Gas enters the
receiver at 1448°C (839°F) at the bottom of the panels and leaves at 81 6°C (1 500°F)
at fhe top of the panels. From the known flux distribution, the vapor temperature

of each heat pipe along with the required heat transport rate can be calculated. Fig-~
ure 3.7 shows a plot of this heat transport requirement versus vapor temperature.
Note that the requirement is highest near the middle of the temperature range which
occurs near the center of the panel where the highest solar flux is absorbed. The
requirements are much lower at both ends of the range. This is fortunate since the
theoretical capability shows a similar pattern as the requirements. The theoretical
performance capability of liquid metal heat pipes will be discussed in the next sec-

tion.

In addition to performing under steady state conditions, the heat pipes must
also function during transient start-up and shutdown. The nature of the transients
depend on the operating strategy of the power plant. The worst case during start-up
is represented by the hypothetical condition where the system is initially cold (no gas
flow) and the heliostats are instantaneously focused on the receiver. In this case,
theé vapor temperature of the heat pipes with the highest loading would rise at a rate
of 2.8°C/sec (18,200°F/hr). The same rate would apply during shutdown when the
solar flux is instantly removed but the cooling by the gas stream continues. The
shutdown scenario could be real, for instance, when clouds suddenly obscure the
sun. But the above instantaneous start-up is unlikely to occur because the com-
pressor and the turbine will always be spun up before the heliostats are focused.
The gas which is heated during compression will in turn preheat the heat pipes by
several hundred degrees. By the same mechanism, the heat pipes will always be
preheated if the full solar flux is suddenly reapplied after a solar outage. The ef-
fect of preheating on the start-up characteristics will be discussed in a later sec-

tion,

Other required characteristics of the thermal diffuser heat pipes are high
thermal conductance and life expectancy of 30 years. The conductance is deter-
mined mostly by the heat transfer through the walls, by comparison of which the
internal axial conductance is almost infinite. In order to maximize the overall
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conductance, the thinnest possible wall consistent with pressure containment and
reliability needs to be selected. A life expectancy of 30 years is consistent with
the requirement of the overall system. Such a lifetime is difficult, if not impos-
sible, to prove on the basis of past experience. No liquid metal system of a simi-
lar nature has been in operation for anywhere near that period of time. Since life
expectancy is an important concern in the selection of a heat pipe receiver, a re-

view of the technology and of past experience is presented in a later section.

3.2 Theoretical Heat Pipe Performance Capability

The temperature range over which the heat pipes in the solar receiver must
operate extends from 450°C (840°F)‘ to approximately 850°C (1560°F). For this
range, the alkali metals potassium and sodium are the obvious choices for working
fluids. Some of their pertinent thermodynamic properties, namely, the vapor pres-
sure pv, the vapor transport limits qs, the Liquid Transport Factors N 1? and the
Wicking Height Factors H are shown in Figures 3.8 and 3.9. The significance of
P qs, Nl’ and H are discussed in detail in Reference 8; only a brief summary is
given here. The vapor pressure has a dual significance. Since the heat pipe is a
sealed pressure vessel operating at a very high temperature, the internal pressure
(whether below or above atmospheric) determines the stresses in the wall material
and therefore its required thickness. Indirectly, the vapor pressure also defines
the vapor density and, with it, the vapor velocity for a given heat throughput. In
general, the higher the saturation vapor pressure of a heat pipe working fluid, the
less important are gas dynamic effects. In the other extreme, at very low vapor
pressures, the dynamics of the vapor flow may dominate the heat pipe's perfor-
mance. The maximum achievable axial heat flux in a vapor dominated heat pipe
is given by the vapor transport limit g It is the flux that can be transported

when the vapor flow reaches sonic velocity.

The Liquid Transport Factor N; is a grouping of transport properties of
the liquid (surface tension, heat of evaporation, density, and viscosity). It is fre-
quently referred to as the Figure of Merit of the fluid and is a measure of the

amount of condensate which a wick of a given design can circulate. Finally, the
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Wicking Height Factor H defines the wicking capability of a fluid under the influence
of gravity. It is directly proportional to the static wicking height of the fluid in a
specified wick.

Of the two fluids under consideration, potassium has a higher vapor trans-
port limit than sodium over the entire temperature range. This advantage is off-
set, however, by the poorer liquid properties of potassium. Since initial calc_:ula-
tions showed that it will be difficult to design a wick for a potassium heat pipe (for
‘the requirements of the solar receiver), sodium was selected as the first choice
working fluid. But, since the vapor transport limit of sodium may preclude oper-
ation of all heat pipes at their optimum temperature, potassium is retained as a

backup working fluid.
In the remainder of this section, performance and limits of liquid metal

heat pipes are evaluated in three areas:

(1) Axial heat transport capability
(2) Evaporator fluxes
(3) Pressure containment

3.2.1 Axial Transport Capability

Heat pipes transport thermal energy through the circulation of a two-phase
working fluid. Capillary pumping provides the driving force for the flow of vapor
and liquid. The upper limit of the heat transport capability is reached when the
available capillary pumping is balanced by the hydrodynamic losses due to dynam-
ic effects and friction. This axial transport limit is the topic of the present sub-

section,

In liquid metal heat pipes, the losses associated with the vapor flow are
frequently dominating. The hydrodynamics of the vapor flow is therefore exam-
ined first and independently of the liquid flow. This approach assumes that, given
sufficient cross-sectional area, a wick can always be designed to meet the trans-

port requirements for the liquid. Wwick designs will be considered later.

The hydrodynamics of the vapor flow in liquid metal heat pipes has been




analyzed by several investigators (see bibliography at end of Section 2 of Reference
3). The vapor flowing from the evaporator to the condenser experiences a pressure
drop becéuse of two effects: frictional drag forces and acceleration in the evaporator
region. The latter effect can actually lead to sonic flow conditions at the exit of the
evaporator. The mass transport associated with sonic vapor velocity (also referred
to as choking) represents an upper limit for the axial heat transport capability of a
heat pipe. ' The analyses in the past have considered one or the other of these effects;
i.e., limits were determined for the cases of either predominantly viscous flow or
for a regime where acceleration (inertial) effects are dominating (Ref. 4). Levy (Ref.
5) considered the combined effects of acceleration and drag, but his model does not
permit a closed form analytical evaluation. Reference 1 presents a simplified analy-
sis of the rather complicated vapor flow processes in a heat pipe. It yields consistent
expressions for the pressure gradients in the vapor. In the limit of either purely in-
ertial or purely viscous flow, the analysis gives the proper expressions reported in

the literature.

This new model was employed in this study to calculate the maximum axial
heat flux in a sodium pipe over the temperature range of interest. One result is
shown in Figure 3.10. It gives the maximum achievable heat flux for different heat
pipe diameters as a function of evaporator temperature. The upper curve in this
figure represents the gas dynamic limit associated with sonic flow at the exit of the
evaporator. It is the true upper limit of heat transport at each temperature regard-
less of the capillary pumping provided by the wick. The other curves show the ef-
fects of viscous drag for finite heat pipe diameters. Again, these are true upper
limits and are independent of the wick design. It can be seen from these curves
that viscous effects are negligible above about 480°C, as long as the heat pipe diam-
eter is at least 5 cm. This result was one reason why this heat pipe diameter was

chosen as a baseline design.

The effects of capillary pumping on the maximum axial heat flux are shown
in Figure 3.11. In this set of curves, only inertial effects are considered; i.e.,
the results are applicable for heat pipe diameters exceeding approximately 5 cm,

The upper curve is again the gas dynamic vapor limit which is identical to that of
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Figure 3.10. The pressure gradient associated with this limiting heat flux is ap-
proximately one-half of the absolute vapor pressure. The other curves show the
reduction of the ultimate heat flux due to the pumping limitations of varxous mesh
size wicks and open arteries. For the baseline heat flux of 107 watts/m , a 50-
mesh wick appears to be sufficient to provide the necessary capillary pumping at
all temperatures where the vapor flow is not limited by gas dynamic choking (above
approximately 590°C). The actual wick must, of course, provide somewhat more

pumping, since pressure gradients in the liquid constitute additional requirements.

According to Figures 3.10 and 3.11, the design heat flux of 107 watts/m2
cannot be achieved below 590°C. Some of the heat pipes in the solar receiver will
be exposed to gas temperatures as low as 448°C. If the same heat pipes receive
solar input corresponding to an axial flux of 107 watts/ m , their heat transfer ca-
pability is clearly exceeded. Deverall, et al., (Ref. 6) calculated that the temper-
ature gradient along the evaporator of a choked sodium heat pipe at 590°C is about
50°C. If we allow 55 C between the gas of the Brayton cycle and the vapor of the
heat pipe, and assume no pressure recovery in the condenser, then the evaporator
temperature of the coolest heat pipe will be 448 + 55 + 50 = 553°C. According to
Figure 3.11, which gives the limiting ﬂux versus evaporator temperature, the heat
pipe can transport about 6 x 106 watts/m under this condition. In reality, the tem-
perature gradient along the evaporator may be larger than the calculated value of
50°C because supersonic flow with ensuing larger pressure and temperature gradi-
ents have been observed in liquid metal heat pipes. But a better engineering solu-
tion will be to increase the heat transfer resistance to the gas of the lower temper-
ature heat pipes in order to achieve vapor temperatures which do not require choked

flow at the design heat load.

The purpose of the wick in the heat pipe is to: (1) generate the capillary pump-
ing necessary to overcome flow losses in liquid and vapor, (2) provide a return path
for the condensate from the condenser to the evaporator, and (3) distribute the liquid
over the entire evaporator surface. The capillary pumping may be augmented with
gravity through proper orientation of the heat pipe. Figure 3.12 shows the height

equivalent to capillary pumping for Na and K and for three representative tempera-
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tures. If flow losses were distributed uniformly over the length of the heat pipe,

then tilting the pipe favorably would be equivalent to capillary pumping of a cer-

I tain mesh size wick as shown in the figure. However, when inertial flow losses

‘ in the vapor are dominating (as is the case in liquid metal heat pipes), most of

‘ the losses occur in the evaporator. Thus, the equivalent height applies almost
entirely to the evaporator and very large overall tilts may result. So, while it
appears impractical to utilize gravity alone as a pumping mechanism, it certain-

ly can be employed as a means of augmentation,

In addition to pumping, the wick also provides a shielded return path for
the liquid. If the latter would flow as a free puddle in a gravity-assisted heat pipe,
shear stresses exerted by the countercurrent vapor ﬂow would impede the liquid
flow. Another effect of shear is entrainment of liquid droplets by the vapor. The

outset of entrainment can be expressed in terms of a Weber number (Ref. 7):

The characteristic length 1 is related to the wavelength of perturbation of the liquid
surface. As a first approximation, it may be set equal to the wire spacing of the

wick. Recognizing that
q= # v VA (2)

the entrainment limit may be expressed as:

Qe = M (PO M) 3)

:
l

Where M is the mesh size of the wick (dimension m-l). The entrainment limit for

sodium and potassium is shown in Figures 3.13 and 3.14 for four typical screen

| meshes. Because of its higher vapor density, potassium bas a higher limit at lower
temperatures than sodium. But, at the high temperature end of the range, sodium

is superior because of its higher latent heat. Also shown in Figures 3.13 and 3.14
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are the sonic limits. In order not to be limited by entrainment at the design heat
flux of 1 x 107 watts/mz, the mesh size of the wick must be at least 100 for sodium

and more than 200 for potassium.

The third function of the wick is to distribute the liquid over the entire evap-
orator. Some wicks, such as the historical multilayer screen wick, cover the en-
tire evaporator and perform this function automatically. Other wicks are located
remote from the wall and then a "secondary' or "circumferential" wick is required

.in the evaporator.

Several candidate wick designs which were considered for this application
are shown in Figure 3.15. These wicks can be classified as either homogeneous
or arterial. A homogeneous wick is one in which the flow passages for the liquid
have the same pore size as the pores responsible for capillary pumping. In an ar-
terial wick, the flow channels are large and relatively unobstructed while capillary
pumping is obtained with a fine wick surrounding the liquid passages. The homog-
enous wick is simple and very reliable, but its performance capability is very lim-
ited. Arterial wicks have nearly unlimited liquid transport capability; but they are
more complicated, less reliable, and need to be primed.

The wicks can also be classified as to whether or not they are communcating.
In communicating wicks, the static pressure in the liquid is referenced to the bottom
of the heat pipe. It can be shown (Ref. 8) that communication is equivalent to operat~

ing the heat pipe with an adverse tilt equal to one pipe diameter.

Referring to Figure 3.15, the wicks a, b, and ¢ are variations of the simple
homogeneous wick. The designs d, e, and f have the same basic configuration but
they are formed of alternating layers of fine and coarse screen. If only the fine
Screen is exposed to the vapor, these designs act as arterial wicks with the coarse
screen providing the main flow channels. Axial grooves formed as an integral part
of the heat pipe wall can be a homogeneous wick when open (g), or they can be of the

arterial type when covered with screen (h).

The wick structures i, j, and k are of the arterial type. Capillary pumping
is achieved by the fine screen while the liquid flows unobstructedly in the annulus (i),
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the pedestal artery (j), or the centrally located artery (k). The final three wick de-

1 signs 1, m, and n are ldentical in appearance to i, j, and k except that the grteries

| are not sealed. Thus, they are homogeneous wicks with the artery or the ;mulus

! themselves providing the pumping.

! Most of the homogeneous wick designs will not meet the present requirements
of 107 watts/ m2 in a heat pipe of 5 cm in diameter. The simple homogeneous screen
wicks a, b, and c require an excessive cross-sectional area. This can be shown by

the following analysis. From the basic equation for the pressure gradient in a wick

(Ref. 8):

dp T
S R @
dx KA »

_ w 1

the required wick area can be calculated by integration.

2
+
. wu(Le Lc)qu
w SK)\PlApl

C))

In Equation 5 , APy is the pressure difference available for overcoming the viscous

flow losses in the wick. In order to estimate the minimum required wick area, we

neglect the pressure losses in the vapor. A 19 then becomes:

g

[\

’ ap; = < for noncommunicating wicks (6)
’ p
20

ap =5 - 2L D, for communicating wicks (7
p

In typical homogeneous wicks such as screen and fibers, the permeability K is re-

lated to the pore radius rp through:

(8)

The dimensionless constant b has a value of about 1.1 x 10-2. Combining Equations
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5, 6, or 7 and 8 and normalizing with respect to the heat pipe area, yields the follow~

ing expressions for the minimum required wick area:

A, (Ly+L)q

A - iNbD: for noncommunicating wicks  (9)
v 1 P
and
-1
A, (L +L)q D, r
Av = 2 N1 b rp (1 - _RZH ) for communicating wicks (10)

Equations 9 and 10 are plotted in Figure 3.16 for the design heat flux of 107 watts/mz,

a heat pipe diameter of 5 em, and for sodium at 680°C (approximately the center of the
temperature range of interest). It is obvious from this figure that communicating homo-
geneous wicks (a, b) require too much wick material (Aw/Av > 2). Homogeneous but non-
communicating wicks (c, g, m) could utilize very coarse meshes and then the amount of
wick would be reasonable (e.g. , Aw/ AV < 0.5). But coarse wicks do not provide suffi-
cient capillary pumping to overcome the vapor losses at lower temperatures (minimum
of 50 mesh required). In the case of the open grooves (8), entrainment would pose an

additional problem.

All arterial wicks meet the requirements, at least in principle. The selection
among them was based on fabncabiliiy and priming considerations. Axial grooves (th)
are difficult to fabricate in large diameter stainless steel or Inconel tubes. Arterial
wicks, in which the artery consists of an annulus near the wall (i) or of a coarse, po-
rous screen matrix (d, e) are difficult to prime. Since the liquid must initially fill
the entire coarse wick or annulus in order to establish a primed artery, the large
diameter of the heat pipe poses severe restrictions on the selection of the effective

artery permeability. Priming problems also exist for the centrally located artery
(). |

The best chance of reliable priming exists for an artery located near the bot-
tom of the heat pipe (j). (A variation of this design, the "tent artery", actually proved

to be the most suitable wick during the development program.) The associated circum-
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ferential wick could be a thin, porous wick such as a single or multilayer of screen.
Another type of circumferential wick consists of fine screw threads cut into the wall.
Calculations were performed and have shown that such grooves are marginal for a

5 cm diameter heat pipe and a radial flux of 106 W/mz.

The preceding discussion does not give credit to the additional pumping re-
sulting from properly orienting the heat pipe with respect to gravity. As shown in
Figure 3.12, a tilt of 15 cm (about 5° in a 200 cm long pipe) provides the equivalent
pumping of a 60 mesh wick in a sodium heat pipe. For a gravity-assisted heat pipe,
the restrictions of Figure 3. 16 for wick selection in a homogeneous wick heat pipe
therefore do not apply. This makes it possible to use, for example, a simple open

artery (m) whenever the heat pipe can be suitably oriented.

In summary, arterial wicks such as the one shown in Figure 3.15 (j) will pro-
vide sufficient transport capability over the whole temperature range except where
gas dynamic choking occurs. Vei'y coarse homogeneous wicks (e.g., open arteries)
are acceptable at higher temperatures. If the heat pipes are tilted, the open artery

homogeneous wick will function over the entire temperature range.

Detailed performance calculations were made for several wick designs. The
computations involved a numerical solution of the following pressure balance equation

at different evaporator temperatures:

2 0

T =P,8h+Ap +ap, (11)
The left side of Equation 11 represents the capillary pumping pressure developed by
the wick. The first term on the right accounts for gravity. If the heat pipe is hori-
zontal, h is equal to the diameter of the artery. Apl is the pressure loss in the liq-
uid and is given by Equation 5 (after solving for A pl). ap, is the pressure loss in
the vapor and includes viscous and inertial effects. No recovery of the inertial pres-
sure drop in the condenser was assumed. The model which was described earlier
and is detailed in Reference 1 was used to calculate AP, After inserting the proper
terms for Apl and A P, (which are both functions of qa), Equation 11 was solved nu-

merically for q,- The results for two wick designs are shown in Figure 3.17 for a
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sodium heat pipe.

The performance of the closed artery is insensitive to the orientation of the
heat pipe (shown for horizontal orientation). This insensitivity can be predicted
from Figure 3.12. Since the artery is fabricated from 100 mesh screen, its pump-
ing capability is equivalent to a head of 25 cm and small tilts will therefore have
little influence on the performance. This is not the case for the open artery wick
also showh in Figure 3.17., This design requires a tilt of the heat pipe (about
degrees) in order to meet the design goal of 10 MW/ m2. Neither wick meets the
goal below 580°C because of the fundamental vapor limit.

The same two wick designs were also evaluated for potassium as the work~
ing fluid. The results are shown in Figure 3.18. At the low end of the temperature
range, potassium out-performs sodium because of its higher vapor limit. At all
other temperatures sodium is superior because of its higher Liquid Transport and
Wicking Height Factors. But it should be noted that the two wick designs were op-

timized for sodium and are not necessarily optimized for potassium.

3.2.2 Radial Heat Flux Limits

The preceding discussion dealt only with the axial heat transport capability
of the heat pipe. The performance is also limited, however, by the radial flux;i.e.,
the input and output power density at evaporator and condenser. Since the condenser
is much longer than the evaporator, its flux is always lower than that at the evapora-
tor and thus poses no problem. The maximum permissible evaporator flux is limit~
ed by two effects — nucleate boiling in the wick and thermal stresses in the wall ma-

terial. In the following, each limitation shall be discussed separately.

An arterial wick requires a ''secondary' or "circumferential' wick to dis-
tribute the liquid from the artery over the entire evaporator. In the selected design,
two layers of wire mesh screen (one each of 100 and 325 mesh) are used as the cir-
cumferential wick. Regardless of whether capillary forces in a closed artery or
gravity in an open artery is used as the primary pumping mechanism, the liquid is
always distributed in the secondary wick by capillary forces. Proper heat pipe de-

sign must account for the hydrodynamics within the circumferential wick.
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During normal operation, the secondary wick is fully saturated and heat is
conducted from the walls through the liquid/wick matrix to the vapor-liquid inter-
face. Evaporation occurs at that interface rather than at the wall or within the liq-
uid. However, if the radial heat flux exceeds a certain critical value, nucleation
will occur within the wick. Normally, nucleation is not considered a failure mode
in two phase heat transfer. Instead, it enhances the heat transfer (film) coefficient.
In a wick, however, the onset of nucleate boiling will interrupt the circumferential
flow of the liquid. Consequently, local dryout and subsequent evaporator failure

will occur.

The onset of nucleate boiling in a wick is difficult to predict. Reference 9
gives a model which correlates the maximum flux with the pore size of the wick and

its thickness. The critical AT which the wick can sustain is given by:

Tsat 20
AT rie = v, (r_n - (Api)) (12)

In this equation, r is the critical radius of nucleation cavities and ap; is the cap-
illary stress on the liquid due to flow or gravity. The limiting flux which can be
conducted through the wick is related to ATcrit through:

q =

X
max t

AT ., (13)
where K and t are, respectively, the thermal conductivity and thickness of the wick-

liquid matrix. Combining the last two equations yields:

KTsat 20 ‘ 14)
Qmax = ta b r_n B (Api))

The critical radius of nucleation cavities is generally not known, but an upper bound
is certainly the pore size of the wick. Thus, we would expect the maximum permis-

sible heat flux to be inversely proportional to the pore size of the secondary wick

(fa) p; is usually small compared to 2 d/rn). The other important qualitative observa-




tion from Equation 14 is that qma.x is inversely proportional to the vapor density » v
Since Py increases exponentially with temperature, the maximum flux will decrease
with temperature. Thus, heat flux limits due to nucleate boiling are expected to oc-
cur mostly at the higher end of the temperature range.

The theoretical heat flux limit defined by this model is shown in Figure 3.19
for the selected circumferential wick. The graphs assume that the critical radius
of nucleation cavities is either that of the 100 or the 325 mesh screen. In addition,
the limit associated with a nucleation radius equal to typical imperfections in the
heat pipe wall (~1()"4 inches) is also plotted. The actual limits found during the
test program fall between these curves and generally follow the predicted tempera-

ture dependency.

A second limit on the radial heat flux is imposed by thermal stresses within
the heat pipe wall. These stresses result from the temperature gradient between the
outside and the inside of the wall. At the evaporator, the outside of the wall is under
compression and the inside under tension. A detailed evaluation of the permissible
stresses and heat fluxes requires a complicated inelastic stress analysis which was
beyond the scope of this program. Foster Wheeler conducted a simplified inelastic
analysis; the results of which are shown in Table 3.2. This analysis neglected in-
ternal and external pressure stresses and axial tensile stresses resulting from the
axial constraints of the heat pipes. Note that the allowable stresses in Table 3.2
are much higher than those given in the forthcoming Table 3.3. The reason for this
apparent inconsistency is that thermal stresses due to temperature gradients are
subject to relaxation while pressure induced stresses are not. The allowable heat
fluxes calculated from thermal stress considerations are of about the same magni-

tude as those imposed by the wick.

3.2.3 Heat Pipe Structural Requircments

A structural analysis was conducted to determine heat pipe wall thickness
requirements for thermal diffuser heat pipes operating in an environment consis-

tent with the design conditions, Only pressure stresses are considered in this anal-

ysis. When applicable, buckling criteria were also considefed. External pressure
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-69-

Sodium

Inside Tube

Outside Tube

Allowable

Allowable

Tegperature Temperature Temperature Stress He;;/:%ux

Cc (°F) °Cc (°F) °c (°F) MPa (ksi) (10 Btu/heft?)
482 ( 900) 538 (1000) 714 (1318) 345 (50) 1.47 (466.275)

543 (1010) 593 (1100) 739 (1363) 296 (43) 1.31 (416.710)

606 (1123) 649 (1200) 770 (1417) 241 (35) 1.11 (353.015)

667 (1232) 704 (1300) 813 (1494) 217 (31.5) 1.05 (332.150)

721 (1331) 769 (1400) 857 (1575) 201 (29.2) 1.02 (332.150)

777 (1431) 816 (1500) 909 (1669) 192 (27.8) 1.00 (316.235)

845 (1554) 871 (1600) 942 (1727) 143 (20.8) 0.81 (257.185)

Note: Pressure Stresses not considered

TABLE 3.2

IULLINNYUBIJEIiEUYTIFIJJXJESIFCHR‘AII!CXISYD&B&EKRRICH&LIA{IiEHVTEH)
INCONEL 601 TUBE VERSUS INNER FLUID TEMPERATURE




Allowable Stress

Temperature Inconel 601 Stainless Steecl 304

o°C °F) MPa (Ksi) MPa (Ksi)

649 (1200) 100.0 (14.5) 41.4 (6.0)

705 (1300) 35.9 (5.2) 25.5 (3.7)

760 (1400) 19.3 (2.8) 15.9 (2.3)

816 (1500) 12.6 (1.8) 9.7 (1.4)
871 (1600) 9.7 (1.4)
927 (1700) 5.9 (. 86)
983 (1800) 3.3 (.48)
1038 (1900) 2.3 (.34)
TABLE 3.3

ALLOWABLE STRESSES FOR INCONEL 601 AND STAINLESS STEEL 304




at the evaporator end of the heat pipe is assumed to be one atmosphere. At the heat
pipe's condenser, the external pressure is equal to the elevated pressure of the Bray-
ton cycle (six atmospheres). Net pressure differentials across the heat pipe contain-
er were determined considering sodium and potassium as heat pipe working fluids.
Inconel 601 and 304 stainless steel were evaluated as tentative heat pipe container
materials. The assumed working stress for each material is equal to the allowable
stress based on a creep rate of 1 x 10—5% per hour, These stresses are presénted

in Table 3. 3.

The required heat pipe wall thickness, normalized with respect to heat pipe
radius, is shown as a function of temperature in Figure 3. 20. The irregular shape
of the curves is the result of differeht net loads at different temperatures as a con-
sequence of the variation of the vapor pressure of the fluid. Also, the curves are
a combination of the most severe requirements for either the evaporator or the con-
denser sections. The maximum vapor temperature of any heat pipe under design
conditions is about 820°C (1508°F). Thus, Inconel 601 seems well suited for satis-
fying the requirements for the heat pipe wall material. For a heat pipe with an out-
side diameter of 6 cm, the required wall thickness is 1.7 mm. At locations within
the receiver nearer the gas inlet, heat pipes (with similar dimensions) fabricated
from less expensive 304 stainless steel appear to be satisfactory. From this fig-
ure, it is also evident that the utilization of potassium as the heat pipe working flu-
id results in reduced wall thickness requirements at all temperatures in the range

of interest.

It should be emphasized that the structural analysis conducted thus far re-
quires several refinements. First, the difference in the external pressure environ-
ments on the evaporator and condenser ends of the heat pipe suggests that different
wall thicknesses may be utilized. Such a design could result in reductions in heat
pipe weight and improvements in overall performance through reductions in heat
pipe temperature gradients. Also, the analysis must be extended to account for
the effects of stresses which may exist as a result of discontinuities in external

pressures and at heat pipe supports. In addition, the end effects imposed by heat

pipe end cap design must also be evaluated. Further refinement is also required
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to account for the combined effects of thermal and pressure stresses.

3.3

Experimental Heat Pipe Development

3.3.1 Objectives and Approach

During early phasés of the program, the preliminary receiver design and the

evaluation of heat pipe capability established the following baseline parameters for the
thermal diffuser heat pipes:

Diameter
Length
Axial Heat Flux

Temperature Range
Working Fluid

QOrientation

°
°
°
e Radial (Evaporator Flux)
°
°
®

Scm

lto3m

10 MW /m”

1 MW/m?

450 to 900°C

Na or K

Horizontal to Vertical

These requirements were used as guidelines during early phases of heat pipe develop-

ment. Eventually as the baseline receiver design evolved, these heat pipes operating

requirements were modified as shown below:

Diameter

Length

Axial Heat Flux - Maximum
Axial Heat Flux - Average
Evaporator Flux - Maximum
Evaporator Flux - Average
Temperature Range
Working Fluid

Orientation

L1}

Scm
1.05-1.28m
6.1 MW/m2
2.5 Mw/m2
0.34 Mw/m2
0.04 MW/m2
445-870°C
Naor K

5° Tilt (condenser above
evaporator)

The distribution of the energy incident on the receiver does not experience large

diurnal or seasonal variations. Certainly the magnitude of the incident energy changes,




but the incident fluxes will always be lowest at the extremities of the receiver surface
and highest toward its center. In addition, the temperature distribution within the gas
stream does not experience large fluctuations. It is then possible to define the heat pipe

operating requirements as a function of heat pipe vapor temperature.

Figure 3. 21 details the flux distribution as a function of height along one panel
of the receiver. This particular panel receives the highest fluxes within the receiver,
The ﬂuxeé shown were predicted by the solar flux model for the front surface of the
panel and for the point on the heat pipe's circumference where the maximum fluxes oc-
cur. The variation of the air temperature and the heat pipe vabor temperature along

the panel are also shown in the figure.

With the use of this figure, it is possible to define the axial and radial heat
flux requirements for the heat pipes as a function of operating temperature, Curves
for each flux are shown in Figure 3.22. Generally, the axial and radial flux require-
ments increase with temperature, except at the upper end of the operating temperature
range where the required axial flux begins to decrease. These curves strictly apply
for only one of the panels in the receiver. However, at the remaining panels the inci-
dent fluxes are somewhat lower; hence the curves shown represent the maximum flux -

requirements.

.The requirements are well within the theoretical capability of liquid metal
heat pipes. Sodium and potassium are both attractive heat pipe working fluids. So-
dium is the more attractive of the two fluids because its liquid properties are more
conducive to high heat transport. However, at the low end of the temperature range,
the required axial heat flux is very near the sodium vapor limit as shown in Figure
3.22, Potassium is better suited for operation at low temperatures due to its higher
vapor density and pressure. The use of potassium increases the vapor limit by near-

ly an order of magnitude.

The combination of the selected heat pipe diameter and the axial flux require-
ments converts to a total heat transfer rate of about 13 kW. This rate is high com-
pared to most heat pipe testing in the past. It poses difficulties in applying the input
to the evaporator and also in rejecting it at the condenser. The fairly large diameter

of 5 cm also limits the choices of suitable wicks. The function of the wick is to trans-
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port the working fluid in the liquid state from the condenser to the evaporator and,
equally important, to distribute the liquid over the evaporator surface. This latter
requirement becomes difficult to meet with larger diameter heat pipes. Much devel~
opment work has been done in the past concerning the axial fluid transport. Much
less attention has been given to the circumferential distribution. It involves not only

hydrodynamic considerations but also conductive and convective heat transfer.

Thé ultimate objective of the experimental portion of this program was to de-
velop full-scale thermal diffuser heat pipes which are capable of meeting the projected
requirements of the selected receiver design. To accomplish f.his objective, the ex-
perimental investigation began with smaller heat pipes (typically 2.5 cm in diameter).
These smaller pipes were much easier and less expensive to fabricate. Also, their
performance capabilities were compatible with the capabilities of the available test
apparatus; hence the test results were used to validate theoretical performance mod-
els. Many wick designs were tested on a subscale basis. Once a suitable wick de-

sign was developed, the experimental effort was continued with full-scale heat pipes.

The experimental effort was directed toward the characterization of heat pipe
performance under all foreseeable operating conditions. The bulk of the test program
was concerned with establishing the steady-state performance capabilities of the sub-
scale and full scale thermal diffuser heat pipes. This capability was defined in terms
of the axial and radial heat flux limits as a function of heat pipe operating temperature.
The influence of other parameters such as the heat pipe orientation and heat pipe work-

ing fluid was also investigated.

Another portion of the test program was devoted to establishing the transient
operating characteristics of the heat pipe. Unlike the steady-state testing, transient
tests were conducted only on the full-scale heat pipes. The objective of the transient
tests was to establish allowable rates of heat addition for successful heat pipe start-

up. These tests were conducted with sodium for several heat pipe orientations.

3.3.2 Heat Pipc Fabrication

Although there are considcrable differences in the heat pipes developed during

the program, all heat pipes were basically fabricated in the same manner and from
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the same materials. The heat pipe envelope, including end caps and fill tube, wefe
normally made from Inconel 601, although Inconel 600 was used for some of the ear-
lier 'pipes. Wick structures were made from stainless steel wire screen for all heat
pipes except one. In this one instance, the capillary structure was made from nickel
screen,
The process implemented in heat pipe fabrication was basically the same for

all pipes. | Heat pipe components, i.e., wick structure, end caps and fill tube, and
“heat pipe envelopes, were thoroughly degreased. After the wick was installed in the
heat pipe envelope, the subassembly was purged in nitric acid and then rinsed in de-
ionized water, This step in the procedure was eliminated during the fabrication of
the heat pipe whose wick was made from nickel screen instead of stainless steel
screen. End caps and fill tubes were heliarc welded to the heat pipe envelope. The
completed assemblies were outgassed at a vacuum of about 5 x 10_6 torr at 1000°C.
The subscale heat pipes were outgassed for approximately three to four hours and
the full-scale heat pipes were outgassed for eight hours. A predetermined amount
of sodium was distilled into each pipe, the noncondensible gases were bled off, and

the pipes were sealed by welding the fill tube.

Two of the full-scale heat pipes were also tested with potassium in addition
to tests conducted with sodium. In both cases, the testing was first done with sodi-
um,. After the tests were completed, the fill tube was reopened and methanol was
introduced to dissolve the oxidized sodium. The heat pipe envelope was then purged
with water and finally with a nitric solution. The heat pipe was again outgassed and
then filled with potassium by distillation. After the noncondensibles were bled off,
the pipes were sealed by welding the fill tube,

3.3.3 Description of Test Setup

The experimental apparatus employed for heat pipe performance testing ba-
sically consisted of an RF power source, a water-cooled gas-gap calorimeter, high
temperature thermocouple instrumentation, and insulation. A schematic of the test

setup is shown in Figure 3.23.
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The RF power source used during the early stages of the test program wasb
rated at 5 kW output. Later, a larger RF power source (20 kW) was acquired for
testing higher performance heat pipes. A number of induction coils of various
lengths were used throughout the testing program to independently vary the axial
and radial heat flux. For the subscale pipes, the coils ranged in length from 5 to
16 cm; while coils 10 to 30 cm long were used for the full-scale heat pipe tests.

The heat removal rate at the heat pipe condenser was measured with a gas-
gap calorimeter. (10) The measurements consisted of the water flow rate through
the calorimeter and the water temperature difference across the calorimeter. Heat
transfer to the gas-gap calorimeter is accomplished chiefly by radiation and conduc-
tion across a small (typically 0.2 to 0.4 mm) gap. By filling this gap with either Ar-
gon, Helium, or a mixture of these two gases, the thermal resistance of the gap due
to conduction can be changed by nearly an order of magnitude. This permits varia-

tions of the heat pipe temperature independently of the heat transfer rate.

All portions of the heat pipe between the evaporator and condenser were insu-
lated with ceramic fiber insulation. The bulk of this insulation was enclosed by a
second water-cooled calorimeter which measured the heat losses. Chromel-Alumel
thermocouples were used to measure heat pipe temperature at several axial locations.
At temperatures above 750°C, an optical pyrometer was also used. A mechanical fix-
ture was used to support and orient the heat pipe and to support the calorimeters. With
this fixture, it was possible to test the heat pipes horizontally, at orientations with the

condenser elevated up to 86 cm above the evaporator, and vertically.

3.3.4 Testing Considerations and Data Interpretation

The use of a calorimeter with a variable conductance gap permits an indepen-
dent variation of power and heat pipe temperature. This is shown schemaﬁcally in
Figure 3.24.a. With the gas-gap calorimeter filled with pure argon, the heat rejec-
- tion capability is defined by Curve A. With helium as a filler gas, the heat rejection
capability is much higher and follows Curve B. If a mixture of argon and helium is
lntrdduced, some intermediate heat rejection curve applies. Suppose the heat pipe

to be tested has a performance limit at a given temperature as indicated by the sym-
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bol (0). If argon is used in the calorimeter, the pipe cannot Be tested to its full capa-
bility at this temperature since the maximum power which can be rejected corresponds
to Point A'. If, on the other hand, helium is used in the calorimeter, the pipe will
burn out if one attempts to test it at this particular vapor temperature. (The heat re-
jection required to maintain this temperature corresponds to Point B' which exceeds
the capability.) However, the heat pipe can be tested to its full capability if the prop-
er mixture of argon and helium is employed which matches the heat rejection with the
capability. ‘

Another consideration in the testing and data interpretation is the performance
capability of a liquid metal heat pipe as a function of temperature. A typical capabil- '
ity curve is shown in Figure 3.24.b. In general, it consists of two distinct branches
which are denoted as A~-B and T-D, respectively. The relatively steep branch A-B
represents the vapor dynamic limit. At any given vapor temperature, the dynamics
of the vapor flow defines a maximum axial heat flux. This maximum may be predom-~
inantly due to inertial effects, in which case the vapor velocity becomes sonic or the
restrictions may be due to viscous effects which limit the allowable vapor pressure
drop to no more than the absolute vapor pressure. Itis important to remember that
the vapor dynamic limit is fundamental and cannot be exceeded.

The second branch T-D in Figure 3.24.b represents the capillary limit, It
defines the maximum heat flux due to the limited capillary or gravity induced pump-
ing. For each point along this curve, the available capillary pumping balances the
inertial and viscous pressure losses in liquid and vapor. The location of this curve

is strongly dependent on the wick design and the orientation of the heat pipe.

The temperature, corresponding to the point where the capillary limit branches
off the vapor limit, is the transition temperature. It is an important parameter for ev
ery heat pipe design because different limits exist on each side of the transition tem~
perature, In the region of the vapor dynamic limit below the transition temperature,
the heat pipe cannot fail in the usual sense; i. e. » a dryout of the evaporator cannot
occur. Instead, upon reaching the limit, the heat pipe will increase its inertial tem-
perai:ure gradient until the operating temperature is consistent with the heat through-

put. In the region of the capillary limit above the transition temperature a true fail-
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ure of the heat pipe will occur. Upon reaching the limit, the wick will dry out in the
evaporator since the pumping forces can no longer overcome the flow losses and sup-

ply sufficient liquid.

The location and shape of the capillary limit curve is design dependent. Thus,
the transition temperature will also vary with the wick design. In some cases, the
transition temperature may even be so low that it is outside the test range. This case

is shown in Figure 3.24.c.

For the interpretation of test data, the heat rejection and the performance
curves must be considered together. A typical combination is shown in Figure 3. 24.d.
Assume, at first, that the pipe is tested with argon in the calorimeter. As the power
and temperature are increased, the performance will initially follow the vapor limit
and no failure should occur. As Point A is reached, the heat rejection limit becomes
dominating and the performance will follow the argon curve. Since this curve is ev-
erywhere below the capillary limit, no burnout will occur. However, the pipe has not
been tested to its full capacity. Next, assume that pure helium is used in the calorim-
eter. Again, the pipe will follow, at first, the vapor limit curve up to the transition
temperature T from whereon the capillary limits dominate. Further increases in
power and temperature will cause the pipe to fail because the heat rejection capabil- '
ity exceeds the capillary limit. At higher temperatures, i.e., beyond Point B, the
heat pipe will function again satisfactorily because the rejection capability is lower
than the capillary limit. In order to obtain stable test data which represent the cap-
illary limit between T and B, a mixture of helium and argon must be employed in the
calorimeter. This mixture must be readjusted for every temperature and power with-

in this range.

From the preceding discussion, it is obvious that pipe failures will occur most
frequently near the transition temperature. In part, this is due to the specific heat re-
jection curve of this particular gas-gap calorimeter; but the general trend of the rejec-
tion and performance capability curves will be similar in the central receiver applica-

tion.

puring some of the testing, the available power source imposed an additional
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limitation. But, unlike the heat rejection limit which increases with temperature, the
power limit decreases slightly with temperature because of thermal radiation effects.,
The power limit further complicated the data interpretation and will be discussed more
fully during the presentation of individual test results.

3.3.5 Heat Pipe Testing

The heat pipe development portion of the program resulted in the fabrication
and testing of eight subscale heat pipes and three full-scale heat pipes. Many of these
pipes were designed so that two different wick designs could be tested by alternately
using opposite ends of the heat pipe for the evaporator and condenser. In this manner,
two secondary (circumferential) wicks could be tested with the same axial wick, or an

axial wick could be tested as both a homogeneous or an arterial wick.

The wick designs which were tested during the subscale tests are shown in Fig-
ure 3.25. Each heat pipe is described in terms of typical dimensions and wick config-
uration. Primary (axial) wicks which were tested included homogeneous and arterial
wicks, and segmented and communicating wicks. Some of the axial wicks required sec-
ohdary (circumferential) wicks. Secondary wicks consisted of circumferential layers
of screen or circumferential grooves. The numbers (1) and (2) in Figure 3. 25 refer
to the two opposite ends of the heat pipe. If only one wick is listed, then it applies
to both ends of the pipe.

The most successful subscale heat pipe tested was SN 1-7. Its axial wicks
consisted of five alternately sized tent-shaped channels. Closure at the bottom of
each channel is provided by the circumferential wick. For circumferential fluid
distribution, two different secondary wicks were used. One end of the pipe was
circumferentially grooved. On the other end, two bias-cut screen tubes were used.
One of the screen layers was used for circumferential fluid distribution, and the oth-
er was used to inhibit nucleate boiling. The term "bias—cut", as used in this context,
means that a square weave screen is cut at an angle of 45 degrees to its principal ax-
is. Tlms, after installation, the weave pattern of the bias—cut screen is oriented di-
agonally to the long axis of the heat pipe. Circumferential wnck structures employ-

ing bias-cut screen have been successfully employed by other investigator (11)
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SN 1-1 SN 1-2 & 1-3

i

Type Inconel Material : 600 600

' Dlameter OD/ID (cm) : 2.5/2.2 2.5/2.2

a

J Length (cm) : 61 61
Primary Wick : Homogeneous Slab Segmented Homogeneous Slab
Secondary Wick : (1) Circumferential Grooves None

(2) Single Screen Layer

FIGURE 3. 25
SUBSCALE HEAT PIPE WICK DESIGNS
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Type Inconel Material
Diameter OD/ID (cm)
Length (cm)

Primary Wick

Secondary Wick

600

2.5/2,2
61

Segmented Arterial Slab

None

FIGURE 3.25 (Continued)
SUBSCALE HEAT PIPE WICK DESIGNS

SN 1-5

600
2.7/2.1
102

(1) Open Tent-Shaped Artery
(2) Closed Tent-Shaped Artery

Circumferential Grooves
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Type Inconel Material
Diameter OD/ID (cm)
Length (cm)

Primary Wick

Secondary Wick

Arterial Annular

None

601

2.7/2.1
102

(1) Open, Parallel Tent-
Shaped Arteries

(2) Closed, Parallel Tent-
Shaped Arteries

(1) Circumferential Grooves

(2) Bias-Cut Screen Tubes

FIGURE 3. 25 (Continued)

SUBSCALE HEAT PIPE WICK DESIGNS

601
2.7/2.1
102

Homogeneous Annulus

Blas-Cut Screen Tubes




Alternately sized arteries were used to obtain the performance characteris-
tics of an "axially graded wick structure". * The performance capabilities of such a
wick is best explained with the use of Figure 3.26. At the condenser end of the heat
pipe, the pressures in the liquid and vapor are equal. At this point, the stress on
the liquid is zero. At points closer to the evaporator, the vapor pressure increases
while the liquid pressure decreases. The liquid stress, defined as the pressure dif-
ference between the liquid and vapor, gradually increases until it is equal to the cap-
illary pressure capability of the largest artery shown in Figure 3.26. Beyond this
point, the largest artery can no longer be filled. At points closer to the evaporator,
only the four smaller arteries are primed. The increased rate, at which the liquid
pressure decreases in this region, reflects the change in liquid area and permeabil-
ity associated with the deprimed state of the large artery. At some point within the
evaporator, the liquid stress becomes equal to the capillary capability of the medi-
um sized arteries. Beyond this point, the medium arteries are empty and the lig-
uid transport to the end of the evaporator is accomplished entirely by the smallest
arteries, The maximum heat throughput occurs when the liquid stress at the end of

the evaporator equals the capillary capability of the smallest arteries.

This heat pipe was tested with both a homogeneous and an arterial axial wick
structure. As a homogeneous wick, each channel is open-ended. The capillary pump-
ing capability of each channel is a fraction of the diameter of the channel. Arterial
wick behavior was accomplished by crimping and spot welding closed the end of each
channel. When this is done, the pumping capability of each channel becomes a func-

tion of the pore size of the screen forming the channel.

Testing was conducted over a wide range of conditions. The maximum heat
transport capability was determined at heat pipe vapor temperatures which span the
operating temperature range. The heat pipe was tested horizontally, at elevations
between 6 and 22 cm (condenser above the evaporator), and vertically. Throughout
the tests, the length of the RF induction coil was varied between 5 and 15 cm to in-

* The term "axially graded" wick was introduced by Dynatherm in 1970 (Ref. 12)
to describe a wick whose effective pore size decreases from the condenser to the
evaporator. The conccpt was recently further investigated by TRW (Ref. 13).
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dependently vary the axial and radial heat flux. Results of these tests, as well as
the results of the tests conducted on the other subscale heat pipes, are described
in detail in two semiannual reports. 1, 2)

Generally, the test results achieved with SN 1-7 were quite encouraging.
The performance capabilities of this heat pipe compared favorably.with the project-
ed requirements.and also agreed quite well with the theoretical performance models
which were developed. Axial fluxes as high as 20 Mw/m2 were obtained and radial

fluxes of 1.75 MW/m2 were measured, Other results are summarized below:

e Homogeneous axial channels provide sufficient performance at
large heat pipe elevations. However, for near horizontal oper-
ation, arterial channels offer better performance.

e Bias-cut screen tubes offer considerable performance margin
over circumferential grooves.

® The axial transport capability is generally limited by the cap-
illary pumping capability of the wick structure, except at low
temperatures where vapor limits are dominant,

e Nucleate boiling within the circumferential wick limits the ra-
dial flux capability at the upper end of the temperature range.

The encouraging performance of this subscale heat pipe led to the develop-
ment of three full-scale heat pipes with basically the same wick design. All three
heat pipes were made with Inconel 601 envelopes. The outer and inner diameter
of these pipes were 6.0 cm and 5.3 cm, respectively. Two of the pipes were 183

cm long. The third heat pipe was 115 cm long and had a conical end cap.

The first two full-scale heat pipes were identical except for slight variations
in the capillary wick structures, which are shown in Figure 3,27. In the first heat
pipe, SN 2-1, the primary wick structure consisted of two large circular tent chan-
nels in parallel with two smaller circular tent channels. On one end of the pipe, all
channels were crimped and spot welded closed to form arteries. The circumferen-
tial wicks on both ends consisted of two bias-cut screen tubes. One screen tube was
made from 325-mesh stainless steel screen and the other was made from 100-mesh

screen. For heat pipe SN 2-2, the primary wick consisted of three square channels

- 80 -




100-Mesh Stainless Steel 100-Mesh or 80-Mesh Stainless Steel

325-Mesh Stainless Steel 325-Mesh Stainless Steel

—'[8—

4 Parallel Channels 5 Parallel Channels
Sealed on One End Sealed on One End

SN 2-1 SN 2-2

FIGURE 3. 27
WICK DESIGN OF FULL-SCALE HEAT PIPES




in parallel with two smaller rectangular channels. The circumferential wick con-
sisted of two bias—cut screen tubes. On one end of the pipe, 325-mesh and 80-mesh
screens were used; and, on the other end of the pipe, 325-mesh and 100-mesh screens

were used. The channels were closed on the 80-mesh ,end of the pipe to form arteries.

The performance capabilities of the second heat pipe were found to be some-
what better than the first, so this discussion will be limited to the second pipe. The
results of the performance test conducted on the first full-scale heat pipe are dis-
cussed in the second semiannual report. 2) The second pipe was tested over a range
of conditions which included variations in heat pipe vapor temperature, heat pipe ori-
entation, and evaporator length. The tests were conducted with both homogeneous
and arterial wick structures, and with both sodium and potassium as the working
fluid.

The heat pipe was first charged with sodium. Tests were performed with
the closed ends of the arteries in the evaporator, the length of which was varied
from 10 to 30 cm by using different induction coils. These tests were conducted
with the heat pipe oriented horizontally. Typical results are shown in Figure 3.28.
Two general types of test points are shown in this figure. Darkened symbols rep-'
resent points which are the last stable test points prior to a dryout of the wick struc-
ture. Those points which are not darkened represent testing limitations associated

with the power source or vapor limitations which do not cause wick dryout.

With the longer evaporator, wick dryout was obtained only between 520°C
and 620°C; i.e., near the transition point between vapor and wick limitations. With
the shorter evaporator, the pipe's performance exceeds the capability of the power
source in the temperature range from 580°C to 720°C. Above 720°C dryouts did
occur, although the data does show some inconsistencies. For instance, the test
points near 720°C show the performance varying by at least 4 kW and possibly more.
The trend established by these burnout points does not correspond to the expected
trends associated with circumferential wick limits or boiling. Nonetheless, the de-
graded performance does occur in a temperature regime where radial flux limits do
exist,
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Tests were also conducted with the open ends of the arteries in the evapora-
tor. Heat pipe orientations during the tests included horizontal and tilts at angles
up to 30o (condenser above evaporator). Figure 3.29 shows the pipe's performance
at the two extreme orientations. By comparing the horizontal test results to those
obtained with the closed arteries, the superiority of the closed arteries becomes ob-
vious. With the open arteries in the evaporator, dryouts were obtained with a 30 cm
evaporator over the entire test temperature range from 500°C to 750°C. The trend
established by these test points corresponds quite well with the theoretical perfor-
mance capability, although the points are somewhat lower (0.5 kW to 3 kW) than
anticipated. The performance of the open arteries is enhanced considerably by in-
creasing heat pipe elevation. At a heat pipe tilt of 300, it was only possible to mea-
sure dryouts between 560°C and 600°C. Below this temperature the data coincides
with the vapor limit. At higher temperatures the performance capabilities of the

heat pipe exceed the capabilities of the power source.

Figures 3.28 and 3. 29 clearly indicate that heat pipe performance is restrict-
ed at low temperatures by the vapor limit. These restrictions can be relaxed some-
what when potassium is used instead of sodium. Figure 3. 30 shows some typical
test results obtained with both fluids. These tests were conducted with a 20 cm in-
duction coil and with the heat pipe tilted at 150. With sodium, dryouts occurred
between 540°C and 620°C. Above this temperature range the pipe's performance ex-
ceeded the capability of the power source. At lower temperatures, the performance
coincides with the sodium vapor limit. With potassium, dryouts were measured at
all temperatures above 440°C. Below 400°C, the pipe's performance coincides with
the potassium vapor limit. At all temperatures below 530°C, the pipe's performance
is better with potassium than with sodium. It should be noted that the performance
margin realized with potassium is a function of wick configuration. Since this heat
pipe was orig?mlly designed for operation with sodium, another pipe specifically de-
signed for use with potassium could offer even more incentive to use potassium at

low temperatures.

In addition to these steady-state tests, a considerable amount of testing was

conducted to characterize the transient behavior of the second full-scale heat pipe.
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During these tests, heat pipe behavior was observed during start-up when power

was applied instantaneously and at various rates. All tests were conducted with so-
dium. The open ends of the arteries were located at the heat pipe evaporator which
was 20 cm long. Heat pipe orientations during the tests included inclinations of 15°
and 30°, At 30° with the heat pipe initially at room temperature, the heat pipe start-
ed successfully when subjected to an instantaneous power input of 10 kW. With the
heat pipe tilted at 15°, successful heat pipe start-up was possible only for instanta-
neous power inputs less than 7.7 kW. In order to increase the power at which start-
up was possible, it was necessary to apply power at a finite rate. The greatest rate
for successful heat pipe start-up at an inclination of 15° was determined to be 1 kW/

minnte,

The third full-scale heat pipe, SN 2-3, was quite similar to a full-scale ther-
mal diffuser heat pipe. Its outer diameter was 6.0 cm and its overall length was 115
cm. The end cap on the evaporator end of the pipe was cone shaped. The wick struc-
ture in this heat pipe is quite similar to the wick used in SN 2-2. The primary wick
consists of three square channels in parallel with two rectangular channels. These
channels extend over the entire length of the heat pipe up to but not including the
conical end cap. At the junction of the cylindrical portion of the heat pipe and the
conical end cap, the channels are butted into a slab wick. This slab was made from
80-mesh screen and has the same cross section as formed by the five channels. The
secondary wick consists of two bias—cut screen tubes; one made from 325-mesh screen
and the other made from 80-mesh screen. The conical end cap is also lined with the

same secondary wick.

The heat pipe was tested with both sodium and potassium. Tests were con-
ducted with the heat pipe horizontal and tilted at 5°. The induction coil used during
the tests was shaped to heat the pipe in approximately the same manner expected in
the baseline receiver. This requires that nearly one-third of the heat input to the
pipe occurs on its conical end cap. Temperature measurements made during the

tests indicate that actually 37% of the energy induced by the heating coil occurs at

the conical end cap.




Figure 3. 31 shows typical test results obtained with both heat pipe fluids at
the design tilt of 5°. The figure also shows the required axial heat transport taken
from Figure 3.22. With sodium, dryouts were obtained between 500°C and 600°C.
Below this temperature range, the heat pipe's performance is limited by the vapor
limit. At higher temperatures, the performance capabilities of the pipe exceed the
performance capabilities of the power source. Comparing the test results with the
required performance, the heat pipe appears to be capable of meeting the require-
ments over the entire temperature range with sodium. At low temperatures, how-
ever, very little design margin exists., At these temperatures, potassium offers
better performance. Note that some of the test points with potassium are partially
shaded. These points are characterized by stable hotspots existing on the conical
end cap. These hotspots were noticed over a considerable portion of the test range

with potassium and were usually followed by dryouts with slight power increases.

Transient tests were conducted to determine the start-up capabilities of
SN 2-3 at the design orientation of 5° tilt. The tests were performed only with
sodium as the working fluid. Throughout the tests, argon filled the gas-gap in the
calorimeter. Under these conditions, it was determined that the highest instanta-
neous power input which the pipe could withstand was 6 kW. At higher inputs dry-
outs occurred. In order to achieve start-up at higher powers, the maximum rate

of heat input was found to be 1. 8 kW/minute.
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‘4. HEAT PIPE TECHNOLOGY ASSESSMENT

The technology of heat pipes is about 16 years old. Heat pipes were first
developed at Los Alamos and from there the interest has quickly spread to many
industrial, government, and university laboratories. During the past five years,
three international conferences have been devoted exclusively to this technology.
As a result of these past and present activities, the technology is now well estab-

lished and applications are rapidly emerging.

The successful operation and long-term performance of any heat pipe is

determined by three parameters:

(1) The hydrodynamics of the working fluid
(2) Compatibility between fluid and heat pipe envelope
(3) The structural integrity of the container

Most of the past research and development has been devoted to a better understand-
ing and optimization of the internal hydrodynamics. A large array of wick struc-
tures has been developed which permits the transport of large amounts of thermal
energy with small losses in temperature. The problem of compatibility and struc-
tural integrity has been addressed primarily by conducting real time and acceler-
ated life tests., The majority of these life tests has been restricted, however, to

the low and medium temperature range (<300°C).

In any high temperature system, materials problems are always of concern.
Examples of potential problems are corrosion resistance, compatibility with the work-
ing fluid, hydrogen embrittlement, stress corrosion, long-term creep and rupture |
strength, and low cycle fatigue. A heat pipe, which is a sealed system with small
internal volume and which contains a wick, may conceivably pose some additional
problems. Among them are generation of noncondensible gas which is trapped with-
in the pipe, the unusually large surface area exposed by the wick, and mass trans-
port phenomena within the wick. These potential problems with high performance
liquid metal heat pipes have been of some concern and may have been responsible

for the slow acceptance of these devices. A systematic study of the various effects
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which might influence the reliability of liquid metal heat pipes was recently under-
taken by GE for JPL. * The study showed that the applicable materials and liquid
metal technology is well founded and that liquid metal heat pipes can be highly re-
liable devices. Also, the vast amount of liquid metal technology which has been
developed during various reactor programs is directly applicable to the material
problems in heat pipes. Highlights of the liquid metal and heat pipe background
are: '

e 800, 000 hours cumulative testing of liquid metal systems during

reactor programs at 800-2000°F (austenitic SS, cobalt, and nick-
el based alloys).

° 100, 000 hours cumulative testing of sodium heat pipes reported in
the literature through 1972 (1300-1500°F).

e 1,000,000 hours cumulative industrial use of Dynatherm's Isother-
mal Furnace Liners with 40,000 MTBF (900-2000°F).

Early applications were mostly restricted to aerospace systems and the pro-
duction quantities and concomitantly the hardware experience was rather limited.
The aerospace experience did result, however, in valuable process development and
quality control standards. During the last few years, several commercial and indus-
trial applications have been developed; and today, perhaps, one quarter of a million
heat pipes are in use. Most of these heat pipes are of the low temperature type and
fabricated from aluminum, copper, or carbon steel. The preferred working fluids

are ammonia, water, and various refrigerants.

In the high temperature field, much less hardware experience is available,
in spite of the fact that high temperature liquid metal heat pipes were historically
among the first to be developed. One notable exception is Dynatherm's product
line of Isothermal Furnace Liners. These are annular potassium or sodium heat
pipes which are widely used for isothermalizing tubular diffusion furnaces. More
than 600 of these liquid metal heat pipes are currently in use.

* Heat Pipe Operating Reliability for the Dish-Stirling Solar Receiver, ' by W. F.
Zimmerman, General Electric Company, and J. W. Stearns, JPL. November
15, 1978,




The technology of the heat pipes for the solar receiver has many similarities
with that of the Isothermal Furnace Liners (IFL). Firstly, their geometries are com-
parable -- the receiver heat pipes being 5 cm in diameter and 1 to 2 m long, while the
IFL's range from 3 to 15 cm in diameter and in length from 0.15 to 1.5 m. Both are
fabricated from Inconel 600 and use sodium or potassium as the working fluid. Both
heat pipes are heated by radiation and are required to operate in air. Finally, most
IFL's which are in industrial use are cycled at least daily which exposes them to sim-
ilar low cycle fatigue loading as the solar receiver heat pipes will experience. In
some respects, however, the solar receiver heat pipes will be subjected to more se-
vere conditions. The radial heat fluxes at the evaporator will be higher and more non-
uniform than those experienced by most IFL's. Also, the cycling rate due to changes
in the solar flux could be much faster. Development heat pipes have been tested to
these requirements and they have passed the tests. Also, available material data in-
dicate that long~term performance under these conditions can be expected. However,
real time life tests are urgently needed to verify these predictions and to establish
the necessary technology base.

(ne concern which is frequently expressed about liquid metal heat pipes is
their safety. Alkali metals are, of course, highly reactive with oxygen and with wa-
ter. Unlike pumped liquid metal transport systems which contain large quantities of
it, heat pipes usually contain only a very small amount of fluid. A typical sodium
heat pipe, such as the ones designed for the solar receiver, has a fluid inventory of
only 100 g. Laboratory experiments at Dynatherm during which sodium and potassi-
um heat pipes were made to fail at high temperatures have never lead to any violent
reaction but always to a slow oxidation of the working fluid. The same observation

was made by users of Isothermal Furnace Liners who exceeded the specified tem-

perature limit due to a failure of the furnace control mechanism.




| 5. POWER CONVERSION CYCLES FOR THE HEAT PIPE
CENTRAL SOLAR RECEIVER

| / Gas turbine plants are based on the thermodynamic Brayton cycle and can be

‘ either of the open or the closed cycle type. Early in the program, the open cycle was
selected as the prime candidate for a solar plant. Material considerations of the heat
pipes suggest a top cycle temperature of about 850°C (1550°F) which is very compatible
with modern gas turbines. The simplest gas turbine plant would consist only of a com-
pressor, the solar air heater, and the turbine-generator set. But the thermodynamic
cycle efficiency of this simple plant is only about 25% which represents a poor utiliza-
tion of the expensive heliostats. The addition of a recuperator increases the efficiency
to about 35 to 39%. A flow diagram of such a recuperative system is shown in Figure
5.1. Also shown are typical temperatures, pressures, and input and output powers
which were used for a preliminary system study. The calculations were based on a
turbine efficiency of 90%, compressor efficiency of 85%, and a recuperator effective-
ness of 85%. Gas turbine plants of this type are commercially available. They are
relatively inexpensive and lightweight, thus the whole plant could conceivably be lo-
cated on top of the receiver tower. This simple type of plant rejects a large amount
of thermal energy (19 MW for a 10 MW electrical plant) at a relatively high tempera-
ture (290°C/552°F). If the wasted energy could be utilized, the overall conversion
efficiency could be considerably improved. It should be noted that a steam plant of
comparable efficiency does not offer the same growth potential, Condenser temper-
atures of steam plants are typically 40 to 60°C (100 to 140°F), thus the availability
of the rejected heat is negligible.

| Several approaches have been considered which make use of the high temper-

} ature exhaust of the basic Brayton system shown in Figure 5.1. Two of them are dis-

l cussed here because they show the diversity of available approaches. The first sys-
tem utilizes an Organic Rankine Cycle System (ORC) as bottoming cycle. A flow dia-

| gram of this gas turbine-ORC plant is shown in Figure 5.2. The temperatures, pres-

‘ sures, and flow rates remain the same as in the simple, :ecuperated cycle. The ex~

haust air from the recuperator, however, is used as the heat source in the vaporizer

of an ORC. The performance estimates were based on a paékaged ORC which uses
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toluene as the working fluid. It has been developed by Sundstrand Energy Systems,
Rockford, Hlinois. *

A typical ORC unit delivers 600 kW(e) with a conversion efficiency of approx-
imately 20%. Heat is removed by the vaporizer of the ORC from the waste heat air-
stream which should be 316°C (600°F) or higher and which is cooled to 166°C (330°F).
The waste airstream from the recuperator of the selected Brayton cycle is only 289°C
(552°F) and its flow rate 72. 8 kg/sec (5.77 x 10° Ib/hr). Assuming that the same out-
‘put can be maintained with the lower temperature air, the thermal energy that can be
withdrawn for the waste air is 9.0 MW(th) ( by cooling it from 289 to 166°C) and the
electrical output from the ORC is 1.8 MW(e). Thus the overall output is 11.8 MW(e)
and the combined thermal efficiency is 40.1%. The addition of the ORC bottoming
system complicates the plant somewhat. Firstly, water cooling of the ORC is re-
quired since about 7 MW must be rejected at 60°C (140°F). Secondly, at least the
ORC must be located at ground level. There is no real objection to that since the
pressure losses in the piping can be held to 6.8 kPa (1 psi). The preferred loca-
tion of the conversion equipment requires, in any case, a much more detailed sys-

tem study.

A second high efficiency system is‘shown in Figure 5.3. It employs com-
pressor intercooling and reheat between two turbine stages to achieve a conversion
efficiency of 44%. The same component efficiencies for compressor and turbine
were assumed as in the basic cycle. A three stage compressor is used with inter-
cooling between stages. The intercooling could be done effectively and with mini-
mal pressure loss with a heat pipe air-to-air heat exchanger. The use of inter-
cooling reduces the compressor work considerably. At the high temperature side
of the cycle, reheat between two turbine stages is employed to raise the average
temperature at which heat is added to the gas. The results of these modifications

to the basic Brayton cycle is an effective conversion efficiency of 44%.

Interstage cooling complicates the compressor design and may require the

development of a new compressor. Reheat between turbine stages requires that at

* Power Generation through Waste Heat Recovery, Data Sheét 9014824
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least the high pressure stage be located near the receiver and therefore on top of
the tower. However, a solar gas turbine plant will probably require a two shaft
system just to accommodate the varying thermal input. The high pressure turbine
and the generator could be located near the receiver, while the compressor with its
heat exchangers and a low pressure turbine stage could be located at ground level.
Table 5.1 summarizes the pertinent parameters of the three candidate conversion

cycles. An estimate of the relative capital cost is given in Section 6.
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| Baseline Cycle Baseline Cycle
| with ORC. with Compressor
| Parameter Baseline Cycle Bottomin Intercooling
| Systemg and Turbine
Reheat
Turbine Inlet Temp. (°C) 816 816 816
Pressure Ratio 6 6 6
Output (MW (e)) 110.0 11.8 12.7
Thermal Input (MW) 29.4 29.4 29,4
Turbine Output (MW) 27.5 27.51) 24,92
Compressor Work (MW) 17.2 17.2 11.9
Heat Exchangers (MW) 10.9 22,90 32.2
Exhaust Temp. (°C) 289 166 and 602 | 181 and 68
Gas Flow Rate (Kg/sec) 72.6 72.6 58.8
Thermodynamic Efficiency 35 41 44

(1) Not including output from ORC.
(2) Combined turbine work from both stages.

(38) Of the 22.9 MW, 10.9 MW are exchanged in the recuperator and the
remaining 12.0 MW are transferred from the exhaust gas to the ORC.

! | (4) Heat rejection from the ORC occurs at 60°C.

| (5) The average heat rejection temperature from the intercoolers is 68°C.

| _ TABLE 5.1
COMPARISON OF THREE GAS TURBINE SYSTEMS




6. COMPARATIVE COST ANALYSIS

An estimate of the capital cost of a solar gas turbine plant with a heat pipe
central receiver was made. Since the scope of this program covered only the heat
pipe receiver, detailed estimates could only be made for this one component. In
order to arrive at an overall plant cost, the estimates for the solar steam plant(l)
were used for all other components. Some of those estimates were adjusted, .how-
ever, in order to account for the higher efficiency and the simpler design of a high
temperature gas turbine plant. This approach is discussed more fully in the follow-

ing subsections,

The basic ground rules and assumptions for all estimates were:

) No interest during construction
® Cost in mid-1978 dollars
© Free land and land rights as in the water/steam pilot plant

[ No cost for development, operation, maintenance, and test-
ing during start-up, and spare parts are included

e The cost for the collector field is $65/m2

® Plant site at Barstow, California

Table 6.1 shows the estimate for the capital cost of the solar plant which was
generated by our subcontractor, Foster Wheeler. Itis a fairly independent estimate
and is based primarily on Foster Wheeler's experience with power plants of similar
hamre. Dynatherm provided the costs for the heat pipes and the only component costs
which were copied from the water/steam plant are those of the collector field and the
master control. The table shows two cost figures for the collector field; they corre-~
spond to cycle efficiencies of 33 and 38%, respectively. This is the range of efficien-
cles predicted for the baseline solar gas turbine plant.

(1) Central Receiver Solar Thermal Power System, Phase 1, Volume VII, Book 1,
McDonnel Douglas Report MDCG6776, May 1977
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TABLE 6.1
; CAPITAL COST ESTIMATES

Item Million

1 Receiver and Platform 3.51
‘ Transportation and Installation 0.88
Tower Assembly , 1.50
‘Tower Foundation and Site Preparation 0.54

Collector Field (Heliostats) 3.10 - 3.58
Buildings and Facilities : 0.50
Turbine-Generator Unit 2.97
Master Control 2.24
Miscellaneous 1.69

Total Direct Costs : 16.93 - 17.41

Contingency Allowance and Indirect Costs (15%) 2.54 - 2.61

TOTAL CAPITAL COSTS 19.47 - 20.02
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An item-by-item discussion of the cost items is provided below:

® Receiver and Platform - This cost item covers the receiver unit,
the platform, and all interconnecting piping with the turbine-gen-
erator set. It includes the labor and material required to design,
fabricate, and support an acceptance test for up to six months,
Material costs were based on actual vendor quotations and up-to-
date catalog prices, heat pipe costs ($2. 4 million) were provided

- by Dynatherm, and receiver design and manufacture costs are

based on Foster Wheeler experience. We assumed the receiver
panels to be factory-assembled with on-site final receiver assem-
bly.

© Transportation and Installation - This cost item includes packing,
transportation, and site-labor assembly and installation costs for
the receiver, platform, and turbine-generator unit on top of the
tower. Site labor costs are based on today's prevailing rates for
the Barstow area.

® Tower Assembly, Foundation, and Site Preparation - These costs
are based on the costs developed for the water/steam system. The
costs were adjusted to account for differences in tower height, weight
on top of the tower, and inflation.

® Collector Field - This cost of the collector field was assumed to be
$65/m*.

® Buildings and Facilities - This cost item includes all structures and
facilities required for the plant, such as maintenance buildings and
administrative buildings. It does not include a turbine-generator
building, since these components will be located on top of the tower.

© Turbine-Generator Unit - This cost item includes the turbine, com-
pressor, electric generator, regenerator, and instrumentation and
control normally associated with a gas-turbine plant. It does not
include the master control system of the plant.

®  Master Control - The details of the control system have not been
developed. We assume that the cost will be the same as for the
water/steam plant, This is a conservative assumption, since the
master control system for the gas-solar plant is expected to be
somewhat simpler.

® Miscellaneous - This cost item includes field communication, trans-
portation and handling equipment, furnishing and fixtures, and main-
tenance and service equipment.

-102 -




As shown in Table 6.1, the projected cost, in mid-1978 dollars, of the heat
pipe central solar receiver gas-turbine plant ranges from $1, 947 to $2,002/kwW, de-

pending on the assumed cycle efficiency.

The cost of the heat pipes was estimated at 2.4 M$. This estimate was based
on actual quotes for materials and an extrapolation of Dynatherm's experience of la-
bor cost for commercial liquid metal heat pipes. Based on 5733 heat pipes per re-

ceiver, the unit cost of a single heat pipe is $420. This cost breaks down as follows:

Materials:
Tubing $ 85
Fin Material 98
End Caps, Fill Tube, etc. 14
Wick, Sodium 45

Fabrication:
Fin Attachment (Subcontract) 24
Heat Pipe Fabrication (7.7 hours 154

@ $20/hr)
TOTAL $420

The above labor cost is not based on automated fabrication techniques. In-
stead, it assumes that the same process is used which was developed by Dynatherm
for commercial liquid metal heat pipes. The only improvement which was incorpo-
rated is processing of up to 20 heat pipes simultaneously in batches. It is estimated
that true automation could reduce the labor input to perhaps less than one hour per
heat pipe. '

A second estimate for the capital cost of the solar plant was generated by
Dynatherm. The same cost basis as in Table 6.1 was used for the receiver, the
tower, and the turbine generator unit. The remaining cost items of the plant were
scaled on an item-by-item basis from the McDonnel Douglas estimate for the steam
plant. (1) Adjustments were made to account for the technical' differences between

the two plants, and all costs pertaining to thermal storage were eliminated. No

(1) loc. cit.




judgment as to the accuracy. of the steam plant estimates was attempted, however.
‘ This second esnmate for the solar £gas turbme plant is. most.ly of comparative value. :
The results are shown in Table 6.2 and t.he supporting ltem-by-ltem dlSCUSSlOﬂ 1s

g1ven below'

" @ *"Receiver, Tower, and Foundation - Thé estimate for the gas tur=" -
... bine plant is the same as in Table 6.1. For the steam plant, CBS
" Items 4190.21, .23, .24, .25, .26, and .27 were escalated by 7%
“ in order to account for the difference between 1977 and 1978 dol=:+ i
lars.

@ Collectors - The cost of the collectors was assumed to be $65/m2.
The gas turbine plant requires 1363 heliostats of 41 m?2 each while
the. .rgference steam plant uses 1760 hehostats wu'.h -a unit area of
38 m®,

° Tuﬁiine Equipment - For the gas turbine plant, the Foster Wheeler
estimate which is based on a vendor quote was used.. For the steam
plant, the sum of CBS Items 4300.1, .2, .3, .4, and .5 was esca-
lated by 7%. These include the turbine generator unit, the heat re-
jection equipment, the condensing system, -the feedwater heating
system, and the water circulation/treatment equipment.

e  Buildings - The total cost of all buildings is givenas'2.44 M$. For
the solar steam plant, the cost of the thermal storage building (0.13
M$) was subtracted and the remainder escalated by 7%. For the gas
-+ turbine ‘plant; ‘the cost of the turbine building and the water tréatment
- équipment building was also eliminated to arrive at a cost of 1,10 M$.

s @ .. .Miscellaneous Electric Equipment, Master Control, Distributables,
.. and Yard Work - These items were assumed to be identical for both
plants and esca.lated by 7%. ‘

° Mlscellaneous Plant Equnpment - The cost for t.he steam pla.nt is ..
given as 2,66 M$ which becomes 2, 85 M$ after escalation. For
.. the gas turbine plant, several items were subtracted as not appli-
" "cable or covered in other cost items. Among the eliminated items
' are: cranes and hoists and receiver equipment (CBS Items 4500. 11 -
... .Aand 4500.14) and auxxhanes for the water coolmg sSystem (4500 221
‘and 4500 223) S

o Contmgency Allowance and Indlrect Costs - These werekas‘sumed to
'be 15% of the tota.l dlrect cost for both types of plants. -
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| TABLE 6.2

COST COMPARISON OF HEAT PIPE AIR BRAYTON
AND STEAM RANKINE 10 MW(e) POWER PLANT

| Heat Pipe Gas Turbine Plant Steam Rankine Plant

| Cost Item $ Millions $ Millions
Receiver 4,39 10.74
Tower & Foundation 2.04 ’ 0.67
Collectors) 3.63 | 4.35
Turbine Equipment 2.97 5.40
Buildings'® | 1.10 2.47
Misc. Electric Equipment®®) 1.13 1.13
Nhsc Plant Equipment(z) 1.24 2.85
Master Control(3) 2,26 2.26
Distributables ) 3.05 3.05
Yard Work 0.70 0.70
Total Direct Cost 22.51 33.62
Contingency Allowance and
Indirect Costs (15%) 3.38 5.04
Total Capital Costs 25. 89 38.66

| ‘ (1) Based on $65/m2
} (2) Adjusted to reflect savings in gas turbine plant
‘ (3) Assumed identical in gas turbine and steam plant

Note: Costs based on mid-1978 dollars
Percentage Cost of Heat Pipe Gas Turbine Plant: 67%




Based on the above analysis, the capital cost of a solar gas turbine plant is
33% lower than that of an equivalent solar steam plant. This comparison applied only
to the 10 MW pilot plant. At this time, it is not known how the costs of the gas turbine

plant scale for commercial plant sizes.

The critical components of a solar gas turbine plant with a heat pipe receiver
are the heat pipe themselves. Although developed successfully in the laboratory, they
have not been manufactured in sufficient quantity to allow an accurate projection of
their future cost. In the pilot plant design, the averagé thermal load per heat pipe is
5000 Watts. Thus, for a plant efficiency of 33%, each heat pipe transports the electric
equivalent of 1. 65 kW. For the pilot plant, the cost per heat pipe assembly was previ-
ously given as $420. This would convert to 254 $/kW (e) as the contribution of the heat
pipes to the overall plant cost. This cost is probably not acceptable for commercial

plants.

One projection of future cost can be derived from the experience with commer-
cial heat pipe air-to-air heat exchangers. These devices are currently produced in
fairly large quantitiés and the cost per individual heat pipe is about 50 dollars. If this
figure was to be applied to the solar rec eiver, the cost contribution of the heat pipes
would be 30 $/kW(e). A different estimate can be obtained from the material cost,
Each heat pipe (including fins) weighs about 22.5 pounds. The current price for In-
conel 601 (the preferred material) is $5.50/lb. As a rule of thumb, the fabrication
cost of mass produced goods is about $2.00/1b. Thus the fabricated cost per heat
pipe would be $169 which converts to 102 $/kW(e). The lower number of 30 $/kW (e)
is probably optimistic and the higher number of 102 $/kW(e) pessimistic. Less ex-
pensive materials than Inconel, such as stainless steel 310, can be considered. A
realistic estimate would place the contribution of the heat pipes to the cost of the so-
lar plant in the neighborhood of 75 $/kw(e).

Finally, a first estimate was made of the cost benefits resulting from a bot-
toming conversion system. The installed cost of packaged Organic Rankine Cycle
(ORC) is listed as 700-800 $/kW (e). (1) In the combined cycle which was discussed

(1) Power Generation Through Waste Heat Recovery, Sundstrand Energy Systems
Data Sheet 9014824
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in Section 5, 1.8 MW(e) were generated by the ORC increasing the total output of

the pilot plant to 11.8 MW(e). Since all other components of the combined plant
would remain unchanged, the overall plant cost must be incremented by the cost of
the ORC. Assuming a base cost of 20.02 M$ for the 33% solar plant (see Table 6.1),
the total cost of the combined plant then becomes 21.28 to 21.46 M$ with an output
of 11,8 MW(e). Thus the specific cost of the combined plant is 1800 to 1820 $/kW (e)

which represents a savings of 200 $/kW(e) over the simple solar plant. '

An Organic Rankine Cycle may not be the optimim bottoming system for the
solar gas turbine plant. It was chosen because data were readily available and be-
cause a packaged system would have the least effect on other components. Never-
theless, this simple analysis shows ‘the potential for cost reduction in a solar gas

turbine plant.
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7. RECOMMENDED FUTURE WORK

During the present program, the basic technology of high temperature liquid
metal heat pipes as applied to an air solar receiver was developed. The primary
function of the heat pipes is that of '"thermal diffusers'. The heat pipes absorb the
very high solar flux and then diffuse it nearly loss free to a gas stream. A concep-
tual design of a 30 MW(th) receiver with a gas outlet temperature of 816°C (1500°F)
was generated as part of the program. A preliminary economic analysis has shown
that a solar gas turbine plant with a heat pipe receiver is less expensive than a sim-

ilar solar steam plant.

Several areas can be identified in which development is required in order to
reduce the concept of a heat pipe receiver to practice. This needed development can

be grouped into three tasks:

(1) Life testing of full-scale solar receiver heat pipes

(2) Additional component testing to verify compliance with spe-
cific receiver requirements

(3) Development, design, and fabrication of a representative
receiver module and testing it in a solar concentrator

Heat pipes are pressure vessels partly filled with a working fluid and must op-
erate for a long time at high temperatures. The pressure of the working fluid stresses
the container material, and additional stresses result from the large thermal gradients
within the walls. Furthermore, the daily cycles in a solar receiver raise the possi-
bility of failure due to fatigue. This scenario indicates the undisputable need for long-
term endurance testing. Life tests with liquid metal heat pipes have been conducted
in the past, and the basic compatibility between alkali metals and some standard con-
tainer materials (e.g., stainless steel and Inconel) has been established. However,
all previous life tests were done with small heat pipe samples and at low power lev-
els. The objective of the first task is to start a life test progfam which simulates the

condition in a solar receiver.
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Extensive component testing of individual heat pipes was already done during
the current program, However, recent receiver designs(M) require lower gas in-
let temperatures than previously considered; thus additional performance mapping,
in particular of potassium heat pipes, is needed. Also, the response of the heat
pipes to rapid changes of the input power (solar flux) has not yet been studied suffi-
ciently. Another objective of the component testing is to induce intentionally a fail-
ure of a heat pipe. The safety of liquid metal heat pipes has been of some cohcern
to potential users. It is therefore important that the effects of a failure be studied

under controlled laboratory conditions.

The major task of the recommended follow-on work is the development and
testing of a representative receivrer'module. This module would typically contain
about 27 heat pipes and collect 250 kW of thermal energy. With a properly struc-
tured test program, a module of this size can be made to simulate the operating
conditions of every segment of a panel of a full scale receiver. The main two test
variables are air inlet temperature and solar flux. For example, low gas inlet tem-
perature and low flux will simulate the bottom of a panel, medium gas temperature
and high flux will simulate the center, and high gas inlet temperature and low flux

will simulate the top of a panel.

A conceptual design of the recommended demonstration module is shown in
Figure 7.1. In addition to serving as a demonstration of its feasibility, the testing

of such a module will accomplish several important specific objectives.

e Test the performance of the heat pipes under actual solar flux dis-
tribution

e Determine the effects of reradiation and reflection by a cluster of
heat pipes

e Verify the redundancy of a heat pipe receiver; i.e., thatit can tol-

erate a single heat pipe failure

These objectives cannot be achieved with individual heat pipes and through
laboratory testing. On the other hand, it is not advisable to proceed with the de-

velopment of a full-scale heat pipe receiver without extensive testing on the sub-
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system level. The recommended module containing approximately 27 heat pipes and

handling a thermal input of about 250 kW appears to be of optimum size to demonstrate

the feasibility of the concept with minimum risk.
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